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ABSTRACT

This thesis presents a comprehensive analysis of the design and performance of a dual-cylinder
electrohydraulic load simulator (EHLS) for motion tracking applications. The EHLS serves as
a crucial component in hardware-in-loop (HIL) experiments, particularly in the aerospace and
automotive industries. The objective of the EHLS is to generate desired force profiles using a
hydraulic cylinder, while simultaneously achieving precise motion tracking despite varying
external loads.

The study focuses on the challenges posed by nonlinearities in electrohydraulic systems,
including the pressure-discharge relationship in variable openings of metering valve ports,
friction effects, and oil compressibility. These challenges require advanced control strategies
beyond simple PID feedback. Moreover, low-cost systems utilizing proportional valves and
high-friction cylinder pairs exhibit additional nonlinear features, necessitating careful
controller design to achieve comparable tracking performance to more expensive servo

systems.

Furthermore, the thesis investigates the energy efficiency and tracking accuracy of
electrohydraulic systems. The use of variable-displacement pumps, proportional valves,
individual metering valve (IMV) and combined individual metering valve (CIMV)
arrangements are examined to reduce power losses and improve system efficiency. A
composite feedforward position-force controller coupled with a feedback controller is
designed. in developing the feedforward control, order-separation technique is used to estimate
motion inducing terms, compressibility, and leakage related terms. Comparison of position and
force response, FFPI control voltages of metering valves and chamber pressures for CIMV &
IMV configurations is explored. Different combinations of position and load demands are

explored to study the position and force tracking performances.

Additionally, the thesis also cited the area to be explored in future. Different control strategies,
valve and cylinder arrangements, are referred in the last chapter. As this thesis is entirely a
simulation-based studies, hence a real-time experiment of the configurations should be carried

out in future.

XVi



The research findings provide insights into the design and control of electrohydraulic systems
for motion tracking applications. The analysis contributes to the development of improved
control strategies, energy-efficient designs, and enhanced tracking accuracy in EHLS and
electrohydraulic force systems. The results have implications for industries such as aerospace,
automotive, robotics, and fault-tolerant fields, where precise motion control and force tracking
are crucial.
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CHAPTER 1

INTRODUCTION



1.1 Introduction

Two broad classes of electrohydraulic, or EH, applications pertain to actuation systems and force systems,
which in short are referred respectively as EHAS and EHFS (Dai et. al., 2022). Representative use of
EHAS are found in air-born (Cochoy et. al., 2007; Yan et. al., 2021), off-road (Park et. al., 2020) and on-
road (Horn et. al., 2003; Plummer, 2007) vehicles as well as in manufacturing (Cho et. al., 2009) and
material handling, say by excavators (Feng et. al., 2019). In each case, the objective is to achieve control
of motion against application-specific precision levels and wide variations of the external load. The
nonlinear pressure-discharge relation in orifice-like variable openings of the metering valve ports and the
nonlinear effects of friction and oil compressibility on the actuation dynamics led to the use of controllers
more advanced than simple PID feedback (Truong & Ahn, 2009; O’Brien & Carruthers, 2013). In
comparison to these effects arising in EH systems with servovalve-servocylinder pairs, low-cost systems
with proportional valve and high-friction cylinder pairs exhibit additional nonlinear features (Sarkar et.
al., 2013).

Proportional valves have deadband nonlinearity in the form of insignificant actuation flow against
excitation signal up to 10 to 20% of the maximum magnitudes in typical excitation ranges of —10 to +10V
or 4 to 20mA. In contrast, overlap or underlap of only 2 to 3% is achieved within the tolerance band of
costly and sophisticated machining employed in case of servovalves. A consequence of the cheaper
machining is much higher leakage flow bypassing the actuator through relatively larger radial clearance
between the spool-sleeve pair of a proportional valve. In comparison to servoactuators, low-cost actuators
give rise to significantly higher static friction and nonlinearities in dynamic friction in the low-speed
actuation range. These features make the controller design for the low-cost systems quite challenging for

achieving tracking performance comparable to the corresponding servosystems.

The pressure transients in the actuator chambers get moderated by the system inertia in the eventual
manifestation as the response against motion-tracking demands in EHAS. In EHFS, the response against
variable load demands could have amplitudes higher than the pressure transients, since the poles of the
load in the linearized model form the zeros in the closed loop (Alleyne & Liu, 2000). EHFS are employed
typically in car brakes (Yuan et. al., 2018; Han et. al., 2020; Xiong et. al, 2020), vibration isolators for
seismic structures and car suspension (Zhang et. al., 2005; Bongain & Jamett, 2018), forging machines
(Yan & Chen, 2021), hydraulic press (Komsta et. al., 2013; Li et. al., 2016) and load simulators (Karpenko
& Sepehri, 2010; Luo et. al., 2017; Jing et. al., 2019, 2020).



1.2 Electrohydraulic Load Simulator

A common application for the simultaneous deployment of the EHAS and EHFS is an electrohydraulic
load simulator or EHLS which is an important component in hardware-in-loop (HIL) experiments in the
aerospace industry (Chengwen et. al., 2013; Jacazio & Balossini, 2007; Nam & Hong, 2002), automotive
industry (Plummer, 2007), robotics and fault tolerant field (Isserman et. al., 1999). The principal objective
of the EHLS is to generate prescribed profiles of force (or torque) by a hydraulic cylinder (or motor),
acting on a coupled second hydraulic cylinder (or motor) which is to follow a desired linear (or angular)
motion profile inspite of the loading. For linear motion, the pair of hydraulic cylinders, usually single-rod
type, may be connected end-to-end (Li et. al., 2009) or may be parallel (Huang et. al., 2023). These
arrangements are commonly used for simulating and performance monitoring of flight simulators and cold
rolling mills (LeQuoc et. al., 1994), rudder systems (Li et. al., 2009), machine tools (Truong & Ahn, 2011)
and aircraft actuations systems or AASs (Yang & Yao, 2022).

Because of the direct coupling of the two hydraulic cylinders, the force response of the loading cylinder
is severely affected by the motion of the actuating cylinder. This is often termed as surplus force and is
viewed as a disturbance to the force control architecture of the loading cylinder (Chengwen et. al., 2013;
Huang et. al., 2023). A leading challenge in the design of precise, accurate, and fast EHLS lies in the
surplus load compensation or SLC. Several strategies have been adopted over the years for successful
SLC. While LeQuoc et. al., 1994 used a bypass adjustable throttle valve across the two flow lines of the
loading cylinder to this end, Li et. al., 2009 used a flow-press servo valve along with a flow servo valve.
Truong & Ahn, 2011 employed a parallel force and position control strategy using the proportional
integral derivative (PID) control method and an online self-tuning fuzzy-neural mechanism on a linear
system model. To ensure SLC, Chengwen et. al., 2013 used a linear feedforward compensation for the
actuating cylinder, while Yang & Yao, 2022 used a multilayer neuro adaptive controller with a linear plant
model. Huang et. al., 2023 used an adaptive sliding mode control strategy on a linear state space model of
the system to overcome this difficulty. A combined force-motion simulator was built as a coaxial
arrangement of two cylinders with facing piston rods, with one cylinder having controller for emulating

the force demand and the other cylinder for the motion demand (Truong & Han, 2009).



1.3 Controller Development

The load transient issue together with highly nonlinear friction variation due to the major involvement of
the low-speed range in EHFS leave ample scope of improving controller performance (Xiao et. al., 2015).
For handling friction in EHFS, use was made of generalized Maxwell slip model with parameter
identification experiment (Kang et. al., 2018) and modified LuGre model executed with fast pressure
measurement and a disturbance observer (Dai et. al., 2022). For tackling unmeasured or un-modelled
effects in these studies, back-stepping controller and sliding-mode control, or SMC, were respectively
used with adaptive schemes in both the cases. Of course, a fast-response pressure sensor is costly.
Moreover, an SMC is known for its robustness as well as inducing chattering in the control excitation
(Jerouane et. al., 2004; Xu, et. al., 2019; Cheng et al., 2020). Another issue that confronts its real-time use
for fast actuation is the nonlinear relation between the signal and the linearized input (Komsta et. al.,
2013). In many cases, the nonlinear relation could make the extraction of the excitation signal iterative
and time consuming. A back-stepping controller involves a large number of tuneable parameters that was
also implemented for force control with a Pl observer for estimating the system states of a single-rod
cylinder (Nakkarat & Kuntanapreeda, 2009). When a back-stepping scheme combines dynamic surface

control, the explosion of parameters is prevented to some extent (Kang et. al., 2018).

Implementing a feedforward model also involves several parameters and a procedure for their
identification. Irrespective of formulating the model for control of motion (Horn et. al., 2003) or force
(Kemmetmuller et. al., 2010), an accompanying linear dynamic of error arises that could be compensated
by combining a simple feedback strategy with the feedforward estimation. In the above force-control
study, a variable-displacement pump with passive hydromechanical compensator, was used. The
compensator endowed the pump the ability of quick variation of flow from the high rate of the mould-
filling phase to the slow rate of the cooling-induced volume shrinkage phase arising from solidification

of the material at a constant pressure.

Of course, the variable rate of the pump flow conforming to the process requirement gives significant
energy saving with respect to what would have occurred in case of a fixed-displacement pump letting
most of its discharge to wasteful return through a relief valve to the tank during the solidification stage.
Energy saving in force control were also accomplished by using variable-displacement pumps either with

only an active electrohydraulic compensator (Park et. al., 2009) or with an additional valve control (Yu



el. al., 2020). While SMC was used in the earlier study, the latter study employed a combined feedforward-
feedback strategy.

A bump-less switching between a stable robust H. control and less stable but more precise model-
reference adaptive control, MRAC, was employed in a force-control study (Zhang et. al., 2005). In order
to have smooth switching, two pre-set limits were regularly compared with sampled errors, each taken as
the maximum within a set sampling interval executed by keeping the controller unchanged. For the high
sensitivity of the MRAC to un-modelled dynamics, it was invoked only if the robust operation reduced
the sampled error below the lower limit. If the sampled MRAC error went above the higher limit, the H.,
control was invoked. During dwelling of the error between the limits, the controller was not changed. Of
course, successful implementation of MRAC is very sensitive to the choice of the reference plant that is

emulated by the controller. Such a choice could be tricky, if the system involves strong nonlinear features.

In certain EHFS (Sekhavat et al., 2006), switching also arises between motion and force control regimes
during engagement and disengagement of the actuated end point with a soft or hard contact surface. Tustin
friction model with pressure measurement of both the chambers across a double-rod double-acting
cylinder were used along with a feedback control formulated on the basis of direct Lyapunov function. In
the face of sharp transients during such a switching, the controller kept the system stable. Switching
between free travel and force tracking modes arises in friction-stir welding machines (Gain et. al., 2022)

and certain robotic operations (Asokan & Singaperumal, 1997).

1.4 Energy Efficiency and Tracking Accuracy

Valve-controlled electrohydraulic motion actuation is widely deployed in land-based large systems and
for aircraft navigation [1-7] for their higher power-to-weight ratio, payload capacity and fault resistance
than the more easily controllable and dominantly linear electrical systems. The nonlinear flow behaviour
and oil compressibility pose greater challenge in force tracking applications [8]. A major drawback of
these systems is low energy efficiency noted as about only 9.3% in a hydraulic press [1] and 14% in an
earlier survey for mobile hydraulic systems in US [9]. A relief valve maintains a constant system pressure
at the delivery of a fixed-displacement pump (FDP). Variable-displacement pumps (VDP) used mostly
for mobile systems removes the relief-valve loss. A double-acting cylinder is mostly paired with a 4-port

metering-in-metering-out valve controlled by a single command. Independent-metering of flow in each



cylinder chamber by a pair of 3-port valves controlled by separate commands reduces the metering-out

power loss.

1.5 Scope of Work

The research status summarized above has motivated a study involving a low-cost EHLS with combined
force-motion simulator, built as a coaxial arrangement of two cylinders with facing piston rods, with one
cylinder having controller for emulating the force demand and the other cylinder for the motion demand.
While in almost all the previous studies, the compensation of the surplus force was addressed through
suitable compensation in the individual control loops, in the present work a novel unified feedforward
nonlinear was used to provide feedforward signals simultaneously to both the cylinders to compensate the

surplus force.

The above survey further motivates a detail study to demonstrate improved energy efficiency of energy-
saving systems through separate valve control for each cylinder chamber coupled with a variable
displacement pump (VDP). Some of these will be variable-excitation proportional valves while the
remaining will be fixed-excitation proportional valves behaving as ON-OFF valves. Such a configuration
will be henceforth termed as individual metering valve, or IMV, arrangement. If all the valves are operated
in variable-excitation mode with identical signals for the supply and return flow metering valves in a
cylinder, then such a configuration will be henceforth termed as coupled individual metering valve, or
CIMV, arrangement. For a fixed installation on land, the benefit of high energy saving is longer oil life
due to its slower degradation caused by lower heating from the power-loss reduction in metering orifices
that are higher in faster valve-controlled systems with variable excitation. The consequent less frequent
disposal of degraded oil reduces the environmental impact [1/10]. Much lower power is expended in
moving or flying a mobile hydraulic system by equipping it with an oil tank of much lower size that keeps

the temperature rise in check due to the lower orifice loss.

In Section 2, the EHLS and the relevant modelling are described. Instead of two 4x3 proportional valves
for the two cylinders, the setup has four pairs of 2x2 proportional valves — a pair being connected to one
of the four chambers of the two cylinders. One of the valves of this pair provide high pressure fluid to the
respective cylinder chamber, while the other can drain low pressure fluid form the chamber — depending
on the situation. This gives the capability of individual metering of each of the four cylinders chambers

which can be suitably explored to achieve an energy efficient hydraulic system. The two double-acting-
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single-rod cylinders are connected end-to-end coaxially with a load cell and LVDT lying in between to
assess the force generated of the EHFS and the displacement of the EHAS respectively. Of course, use of
a load cell and a single-acting cylinder renders greater compactness than having two pressure transducers

and a double-acting cylinder in an earlier set up (Sekhavat et al., 2006).

Sections 3 detail the contributing unified order-separated feedforward control formulation coupled with
the dual PI feedback schemes or FFPI.

Results are arranged in Section 4 to ascertain if the robustness of the proposed unified order-separated
feedforward control formulation coupled with the dual P1 feedback could avert triggering of instability by
each mode-switching transient (Sekhavat et al., 2006). Also, the wide-range compensation capability of
the order-separated formulation should ensure high-precision tracking.

Conclusions and future scope of work are summarized in Section 5.



CHAPTER 2

SYSTEM DESCRIPTION AND
MATHEMATICAL MODELING



2.1 Introduction

The present work involves simulation of an EHLS consisting of two coaxial double-acting, single-rod
cylinders with facing piston rods, through separate valve control for each cylinder chamber coupled with
a variable displacement pump (VDP). One of the cylinders, called the motion cylinder is coupled with a
controller for emulating the motion demand while the other having controller for emulating the force

demand.

Mathematical modelling of the EHLS involves using a suitable model for the variable displacement pump
whereby depending on the flow to the system, the pump delivery port pressure is adjusted. The eight
solenoid-operated metering valves are modelled as flow orifices where the flow through each valve is
related to the square root of the pressure drop across the metered ports. This is augmented with the leakage
flow through the spool-bush clearances in the valves. The pressure dynamics in the valve cylinder
chambers modelled based on the bulk modulus of the fluid. The dynamics of the coupled piston of the
two cylinders of the EHLS depends on the chamber pressures as well as the friction between the piston

and inner surface of the cylinders. A suitable friction model has been proposed.

The nonlinear model of the EHLS depends on several system parameters whose values have been used
from a previous work where a single actuator test bench has been developed. The model provides the
capability to study the performance of the piston — in terms of position achieved and force developed —
for suitable excitations of any four of the solenoid-operated metering valves - either in CIMV or IMV

mode.

2.2 System Description of the EHLS

2.2.1 Metering Valves

The proposed EHLS consists of two co-axial single-rod, double-acting hydraulic cylinders connected end-
to-end. Conventionally double acting hydraulic cylinders are driven by 4x3 proportional valves (PV) as
shown in Fig,2.1(a). The ports P and T are connected to the pump and tank respectively. The control ports
A and B are connected the cap-end chamber C1 and rod-end chamber C2 of the hydraulic cylinder. The
sliding spool inside the valve body/bush are connected to two solenoid motors. In absence of any electrical

signal to the solenoid motors, no net force acts on the spool and it remains in the neutral position —
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completely covering ports A and B. Hence there is no flow to or from the cylinder and the piston remains
stationery. To connect C1 to the high-pressure pump line and C2 to low pressure tank line, a positive
voltage V is given to solenoid motor 1. This causes the spool to slide to the left, indicated by the red lines.
Thus, port A gets connected to P and B to T. The respective flows are indicated by red arrows. To connect
C2 to the high-pressure pump line and C1 to low pressure tank line, a negative voltage V is given to
solenoid motor 2, causing the spool to slide to the right. Thus, port A gets connected to T and B to P. This
way the cylinder piston can be moved to the right or left, as required. The symbolic representation of the
valve is also shown, where the 3 adjacent boxes indicate the connectivity among the 4 ports. The 2 parallel
lines above and below the adjacent boxes indicate that it can be operated in a fashion such that for a
constant pressure drop across the metered ports, the flow through the valve is proportional to the impressed
voltage in the respective solenoid motor.

The coupled individual metering valve (CIMV) or individual metering valve (IMV) configurations are
shown in Fig. 2.1(b) for C1 connected to high pressure pump line and C2 to low pressure tank line. Here
instead of a single 4x3 PV, four 2x2 PVs are used. In Fig. 2.1(b) only 2 such valves are shown for C1
connected to high pressure pump line and C2 to low pressure tank line. The port A of valve 1 is connected
to the pump line while that of valve 2 is connected to the tank line. If the voltage signals to valves 1 and
2 are zero, the ports B of the 2 valves remain blocked and no flow occurs to or from the cylinder. To
connect C1 to high pressure pump line and C2 to low pressure tank line, positive voltages are given to

both the valves and the corresponding flows are indicated in the figure by red arrows.

To connect C1 to low pressure tank line and C2 to high pressure pump line, another pair of 2x2 PVs are
used. The valve connected to pump line will then be connected to C2 and the one connected to tank line
will be connected to C1. Positive voltages in both these valves will ensure that C1 is connected to high

pressure pump line and C2 to low pressure tank line. The symbol of a 2x2 PV is also given in Fig. 21(b).

The purpose of this arrangement is to explore whether any power saving is achieved if the return side
valve is excited by a constant voltage and opened by a fixed amount, as a simple on-off valve; while the
supply side valve is excited by a variable voltage as in any conventional PV. Such a configuration is

termed as individual metering valve or IMV configuration.

If both the supply and return valves are excited by identical variable voltage, then such an arrangement is

termed as coupled individual metering valve or CIMV arrangement. Independent-metering of flow in each
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cylinder chamber by a pair of 2x2 PVs, controlled by separate commands reduces the metering-out power

loss.

For the 2x2 PVs a case drain will be essential at the cap end for free movement of the spool. This is not

shown in the figure to avoid clutter.
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Fig.2.1: Double-acting, Single-rod Hydraulic Cylinder in (a) Conventional PV Configuration, (b)
CIMV/IMV Configuration

In the present work each of the two hydraulic cylinders is provided with 2 pairs of 2x2 PVs — one pair for

C1 connected to high pressure and C2 to low pressure and another pair for the reverse connection.

2.2.2 Hydraulic Actuators

Hydraulic actuators are devices that use the power from pressurized fluid and converts it mechanical work.

Depending on the type of motions generated, they are classified as linear actuators or rotary actuators.
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The linear actuator, also often called as a hydraulic cylinder, consists of a piston cylinder arrangement.
The piston divides the cylinder into two different compartments. If the one the compartments is connected
to high pressure (or low pressure) line while the other connected to low pressure (or high pressure) line,
through a pair of ports, then such a linear actuator is called double-actin type. In contrast, if flow lines are
connected to only one chamber, while the other is open to atmosphere, such a cylinder is called single-
acting type. Single-acting type cylinders can also have a spring attached to the piston to assist the return
stroke. If the rod extends from either side of the piston, the cylinder is termed as double-rod or symmetric
type. If the rod extends from only one side of the piston, it is called single-rod or asymmetric type.
Doubler-rod cylinders have identical pressure bearing areas on either side of the piston; while for the
single-rod type, these areas are unequal on either side of the piston. This has a bearing in the symmetry of
the mathematical model of the system. It goes without saying that single-rod cylinders are more compact
than their double-rod counterparts.

Rotary actuators can be continuous rotation type (often called hydraulic motors) or limited rotation type.
Furthermore, they can be unidirectional or bi-directional.

Symbols of some of the hydraulic actuators are shown in Fig. 2.2 below.

Hydraulic Actuator

/\

Linear Actuator Rotary Actuator
Single-acting Double-acting Continuous Limited
/\ /\ Rotation Rotation
Single-rod  Double-rod Single-rod  Double-rod /\ |

| I ] | | | L1 | Unidirectional Bidirectional
T | T T T Q

| D

In the present work a pair of coaxial single-rod, double acting hydraulic cylinders — one for motion

Fig.2.2: Classification of hydraulic actuators

tracking and another for force generation — are used with their rod ends connected end-to-end.
2.2.3 Hydraulic Powerpack

Any hydraulic powerpack consists of a tank containing hydraulic fluid, a pump driven by a motor, a

pressure relief valve, RV, a check valve, CV, gauges, heat exchangers and filters. Pumps used can be
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fixed-displacement pump (FDP) or variable displacement pump (VDP). A relief valve maintains a
constant system pressure at the delivery of a fixed-displacement pump (FDP). Variable-displacement
pumps (VDP) used mostly for mobile systems removes the relief-valve loss. However, a RV is still
required in the VDP circuit to prevent any accidental over-pressurization leading to failures and accidents.
The symbols for FDP and VDP are shown in Fig. 2.3 below.

Fig.2.3: Symbols for (a) fixed displacement pump (FDP), (b) variable displacement pump (VDP)

In the present work, a pressure compensated swash plate type axial piston pump has been considered as

the VDP. The schematic of such a pump is shown in Fig.2.4 below.

®
L
1
F
7/ 2 \
) ‘v®
/A

A:Suction Port B: Delivery Port C: Valve Plate D:Suction Kidney Part  E:Delivery Kidney Port  F: Barrel G: Barrel Bore
H: Barrel Piston  I: Swash Plate J: Bearing K: Double Spool Valve L: Stroking Piston M: Rate Piston N:Retainer O: Bush

Fig.2.4: Schematic of a swash plate axial piston pump with pressure compensator
(Mondal et. al. 2019)

The schematic of a variable displacement swash plate type axial piston pump with pressure compensator
as illustrated by Mondal et. al. 2019, is shown above. The barrel pistons H (usually 9,11 or 13 in number)

slide inside the barrel F. This reciprocation is achieved due to the angle ¢ that the swash plate I makes
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with the vertical direction. For this, as the barrel F rotates, the pistons execute a suction stroke as they
move in a clockwise sense from the bottom dead centre (BDC) to top dead centre (TDC), and sucks in
fluid from the tank through the suction port A into each piston chamber across the respective suction
kidney ports D. For the motion of the pistons from TDC to BDC, they execute delivery stroke whereby
high-pressure fluid is directed to the system through the delivery ports B. If the system flow demand
reduces, pressure in the delivery line increases. This causes the spools of the double spool valve K moves,
thereby directing pressurized fluid to the stroking cylinder the piston of which moves out pushing the
swash plate on the bearing support and against the rate piston. This reduces the swash angle ¢ and the
flow is reduced till the delivery pressure is in the acceptable range implying the flow is consistent with
the demanded flow of the system. The check valve, CV is provided to prevent reverse flow of fluid from
the system. In the present work a variable displacement swash plate type axial piston pump is considered

to ensure energy efficiency of the system.
2.2.4 The Electrohydraulic Loading System

The proposed EHLS depicted in Fig.2.5 involves a set of 2x2 proportional valves V1 to V4 for actuating
one-cylinder Cyli. Another cylinder Cylz is equipped with another set of 2x2 proportional valves V5 to
V8. These eight metering valves can be operated in variable-excitation mode or simple ON-OFF mode.
In the simulation study one can imagine that there is a force feedback F from an S-type load cell mounted
between the in-line coaxial pistons and an LVDT inbuilt with Cyl;. While the displacement feedback x of
the LVDT is used for motion control, the load cell feedback F is used for force control with friction
compensation. The set up has a VDP driven by a fixed speed motor along with an RV and CV - for reasons

mentioned earlier.

All of V1 to V8 remain off, when the system is unexcited. For Cyl;, excitation of V3-V4 or V1-V2 pair
could cause extension or retraction strokes respectively. Similarly, paired excitation of V5-V6 or V7-V8
could be set for actuating Cyl. either in IMV mode or CIMV mode by using equal excitation in a pair. For

the motion actuation of Cyli, the opposite cylinder Cyl; is excited for providing the external load.

The voltage signals in the metering valves — 4 at any particular time — is generated by a controller based
on the demanded force Fq and motion x4 of the piston and the actual F and x. The controller proposed in

the present work consists of a feedforward part and a feedback part. The feedback controllers for the 2
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cylinders are Proportional-Integral or PI-controllers. Collectively the controller is termed as Feedforward-
Pl or FFPI controller.
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Fig.2.5: Schematic of Electrohydraulic Loading System, EHLS

2.3 Mathematical modeling of the EHLS

A mathematical model of the EHLS is essential on two counts. First, to develop a simulation model of the
plant which is essential for studying the closed loop performance of the system. Second, the mathematical
model is the basis for developing a suitable feedforward controller. The plant model or the feedforward

model — both consists of several parameters; whose values need to be known. The different system
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parameters, as used in the feedforward controller and the system model in the simulation has been obtained
from the results of Sarkar et.al., 2013 and Naskar et. al.,2022 — where these have been obtained by a

Genetic Algorithm based parameter identification scheme.

The mathematical modeling of the system is based on several considerations, which are,

e the hydraulic oil is considered as compressible;

e avariable displacement pump is used;

o leakage flow in the spool-bush clearance of the metering valves and through the piston-cylinder
gap in the 2 cylinders are considered;

e dead-band of the metering valves have been ignored,;

e friction between the piston O-rings and hydraulic cylinder inner surface is considered;

e the dynamics of spool of the metering valves is considered to be much faster than the piston
dynamics;

e transmission losses have been ignored.

The modeling of the present EHLS given in Fig.2.5, involves modeling of the friction in the cylinders, the
dynamics of the piston motion, the chamber pressure dynamics in the cylinders considering
compressibility and piston leakage, the metered flows in the valves considering leakage, and

compressibility and static modelling of the variable mode of pump operations.
2.3.1 Friction in Cylinders

The friction f can be considered to exist between the piston O-rings and the cylinder inner surfaces during

motion of the piston. A popular nonlinear friction model (Sarkar, et. al., 2013) due to Tustin is given as
f =1+ e — f) exp(— x%/%5)} sgn(x) + apk (2.1)

where the parameters f, is static friction, f, Coulomb friction, Xg Stribeck velocity, a, viscous

coefficient and sgn(x) =1, 0 and -1 for x positive, zero and negative respectively.
2.3.2 Dynamics of the Piston Motion

In the present configuration as shown in Fig. 2.5, the motion of the piston from right to left is considered

as positive while it is considered negative when the piston moves towards right. The free body diagrams
16



of the two cylinders are shown in Fig.2.6 below, where F is the force generated, x, x and X are the
displacement, velocity and acceleration of the piston respectively, P,; and P,; are the pressures at the cap
and rod ends of Cyl; (i = 1,2) — each of bore diameter dy and piston-rod diameter d..

Motion Cylinder o Forcing Cylinder o
Cylh XXX CyhL PRI
F F
Pa Pn P P
f S
—_—

Fig.2.6: Free body diagrams of the 2 cylinders

Cyl: is called ‘motion cylinder’ while Cyl, is termed as the ‘forcing cylinder’. This implies that the
feedback voltages of the metering valves of the former are estimated from position errors while that of the
latter are estimated from force errors. Considering the total mass of the connected piston assembly as m,
the acceleration of each piston of mass m/2 in Cyl1 and Cyl, are expressed as

(m/2)%k =F — PyAc + PriAy — f (2.2a)

(m/2)i = —F + P,A, — Py Ay — f (2.2b)
where the cap end and rod end areas are given as

A, =md2/4 (2.2¢)
A, = n(d} — d2)/4 (2.2d)
Subtracting eq. (2.2a) from (2.2b), the expression of the force generated can be obtained as

F ={(Pez + Pe)Ac — (P2 + Pr1)A}/2 (2.3)
Similarly, adding equations (2.2a) and (2.2b), the piston acceleration can be expressed as

X = {(PCZ — P )Ac — (Pry — Pr)Ar — Zf}/m (2.4)

2.3.3 Metered Flows in the Valves, Flow from Pump and Chamber Pressure

Dynamics
2.3.3.1V3-V4 in Cyl; and V5-V6 in Cyl> activated

With reference to Fig.2.5, for activation of VV3-V4 in Cyl; and VV5-V6 in Cyl,, supply flow enters rod-end
of Cyl; through V3 and cap-end of Cyl, through V5. The return flow goes to the tank from cap-end of
17



Cyl: through V4 and rod-end of Cyl, through V6. A flow in each of the cap and rod ends of the it cylinder
respectively of initial volume Q ; and Q ; leads to oil pressurization due to its bulk modulus « . A flow
model is proposed here in terms of the difference of the orifice flows through V3-V4 and V5-V6,
connected to the respective chamber. The discharge is customarily taken as proportional to square root of
the pressure drop across each valve orifice. The metering-in flow between the pump and a cylinder
chamber or the metered-out return flow from a chamber to the tank varies linearly with the excitation

voltage V J. ( =3,4,5 and 6) involving a valve coefficient ¢ or c . for the cap or rode end respectively.

Each of these flows is in addition to the leakage flow proportional to the leakage coefficients ¢, and c,

at the cap and rod sides respectively and cip across cylinder piston. In the unexcited state, the valve flow

involves only the leakage. Taking the pump and tank pressures as P, and zero respectively, this

description of flow in each cylinder chamber is expressed by the set

Qcr = Acx — c1p(Pey — Pry) — Py {0 — Acx}/x (2.5a)
= (cperVa + cie)\[Per — Cicy/Pp — Pes (2.5b)
Qcz = Ack — C1p(Pry — Pez) + Poffdey + Acx}/x (2.5¢)
= (cpe2Vs + C1)y/Pp — Pz — Cie[Pe (2.5d)
Qr1 = Ark = cip(Pey = Pr1) + Pry{yy + Apx}/x (2.5€)
= (cor1Vs + c)\/Pp — P = Cir [Py (2.5)
Qr2 = ApxX — c1p(Pry — Ppp) — Pr2{0, — Ax}/K (2.59)

= (Cvr2V6 + Clr)\/ Py — Cir+/ Pp — Py, (2-5h)
2.3.3.2V1-V2in Cyl; and V7-V8 in Cyl> activated

Following similar logic as the previous section the flow in each cylinder chamber is expressed by the set
Qcr = Acx + ¢y (Pey — Pr) + Pcl{ﬂcl + Acx}/x (2.6a)
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= (Cvclvl + Clc)\/ PP - Pcl = Cic+/ Pcl

Qcz = Acx + Cip (Prz - PCZ) - PCZ{‘QCZ —Ax}/k

= (C‘UCZVS + Clc)\/ P, —cier/Pp — P,

er = Arx + Cip (Pcl - Prl) - Prl{ﬂrl - Arx}/K

= (cyriVo + Clr)\/m - Clr\/m

Qrz = ApX + ¢p(Pry — Pep) + Proffry + Arx3/K
= (cyr2Vs + i )y/Pp — Pry — Cir\[Pra

2.3.4 Pump Flow

The pump flow has been estimated as follow.

2.3.4.1V3-V4 in Cyl; and V5-V6 in Cyl; activated

Qp = (cpr1Vs + ¢y )/ Pp — Pry + (CpeaVs + C1c)y/Pp — Pey + i/ Pp — Pry + 1o/ Pp — Py

2.3.4.2V1-V2in Cyll and V7-V8 in Cyl2 activated

Qp = (cye1Vi + 1)\ Pp — Peq + (CppaV7 + iy )y/Pp — Prp + 1o/ Pp — Pey + Cppy/ Pp — Pryq

2.3.5 Static Modelling of the Variable Displacement Pump

(2.6b)

(2.6¢)

(2.6d)

(2.6e)

(2.6f)

(2.69)

(2.6h)

(2.7)

(2.8)

A pressure compensated swash plate type axial piston pump is endowed with such a feature (Mondal N,

et al., 2019). Below the cut-in pressure, its discharge remains close to the maximum discharge Qo. Above

this pressure, the discharge decreases steeply and becomes zero at the cut-off pressure, Pco. Based on the

discussion above model for such characteristics of pump is proposed here as per Naskar and Pal, 2022 as

Pp=PF + (Pco - Pc) tanh{(Qy — Qp)/0Qc}

(2.9)
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where Q¢ and Pc are characteristic flow and pressures and Qp is the total pump discharge. The cut-off
pressure Pco, the characteristic pressure P and the characteristic flow Q¢ are unknown parameters of the
pump whose optimized value can be found from system identification explained in the subsequent chapter.
Such a static characteristic curve has been used in the feedforward estimate by considering the swivelling
mass of the pump to be quite smaller than the actuated mass together with the load piston. Moreover, any
sluggishness of the pump is expected to get compensated by the much faster valve dynamics by the
corrective feedback voltage. The pump characteristics curve based on the above equation (2.8) and the

discussions can be visually represented by the Fig.2.7 as shown below.

| | | |
O -
—

S
E
=]
=
=
E — —
=
&~

| | | |

Peo

Pump pressure, Pp

Fig.2.7: Pressure compensated swash plate type variable displacement pump characteristic curve

2.4 System Parameters

The different system parameters of these components as used in the feedforward controller and the system
model in the simulation has been obtained from the results of Sarkar et.al., 2013 and Naskar et. al.,2022
—where some of these have been obtained from the manufacturer’s specifications of the components while
others have been identified by a Real-Coded Genetic Algorithm (RCGA) based optimization technique.

These parameters have been listed in Table 2.1 below.
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Table 2.1: List of System Parameters
(Sarkar et.al., 2013 and Naskar et. al.,2022)

Symbol Unit Value

Coer m**V1kg'?  3.46x10°
Cort m**V1kg??  1.73x10®
Cocz m**V1kg??  3.46x10®
Cora m*3V71kg??  1.73x10°
Cle m*Skg ™2 3.8x10°
Cir m33kg /2 1.9x10°
i m*kg?s 4.96x1013
fi N 85.0

f. N 55.0

a, Nsm™* 482.0

X ms* 5.2x103
d. m 0.04

d, m 0.02

K Nm? 1.3x10°
Q. m? 3.4x10°3
Qe m3 3.1x103
Q. m? 3.4x1073
Q,, m? 3.1x103
m kg 5.0

Py Nm™ 52.55x10°
P. Nm 20.16x10°
Qo m’s™ 1.36x10°
Q, m3s! 4.83x10°

2.5 Summary

The detailed physical description of the electrohydraulic loading system is narrated in this chapter. The
functioning of the hydraulic circuit has been elaborated. Also, several alternate configurations for
metering valves, actuators and pumps have been discussed and the justifications for choosing the present

configurations have been placed.

The mathematical model of friction, metered flows through metering valves considering leakage, piston
motion dynamics, chamber pressure dynamics and the static model of the pressure-compensated swash
plate type variable displacement pump are proposed. The several considerations at the backdrop of this

mathematical formulation have also been clearly stated.

The discussion in this chapter forms the basis of the simulation model for the plant. They also constitute

the core of the feedforward controller model developed in the next chapter.
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CHAPTER 3

DESIGN OF FEEDFORWARD-
FEEDBACK CONTROLLER



3.1 Introduction

The present chapter deals with design of a composite feedforward position-force controller along with PI
feedbacks of position and force for an electrohydraulic load simulator system shown in Fig. 2.5. The
order-separated approach of Sarkar et. al., 2023 in developing a feedforward controller for position control
has been extended to develop the composite feedforward position-force controller in the present work.
The mathematical models developed in the last chapter have been utilized in developing this controller.
The gains for the PI-controllers — both for position and force control have been decided upon by trial and

error.

The combined feedforward-PI control architecture is shown in Fig. 3.1 below, where, the combined

control voltage in the k™ metering valve is expressed as
Vk = ka + Vkb» fork=1to 8. (Sla)

Where V., is the combined feedforward position-force controller and vy, is the PI feedback voltage. For

a reasonably good feedforward model, except where V; ¢ is near to zero, it is expected that

Vip K Vg (3.1b)

:
@
& Feedback |Y v X
k
Fi [ er I_. Controller | »  PLANT F,
F

Vi
Vi
b
Vir k=1to8

y

U

"| Feedforward |Vir
Fa Controller

Fig.3.1: Combined Feedforward-PI controller for the EHLS
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3.2 The Feedback Controller

The feedback controller implemented consists of two proportional-integral (PI) controllers — one for the
metering valves of the motion cylinder, Cyl1, and the other for the metering valves of the forcing cylinder,

Cyl>. Based on the position error ey the feedback voltage can be expressed as,
v, = Kpye, + Kpy [ e, dt (3.2a)
where, e, = x4 — x. (3.2b)

In equation (3.2a), Kp,, and K;,, are the proportional and integral gains and v, is the feedback voltage for

the position controller.

Similarly, based on the force error er the feedback voltage can be expressed as,

vr = Kppep + Kip [ ep dt (3.2c)
where, e = F; — F. (3.2d)

In equation (3.2¢), Kpr and K, are the proportional and integral gains and v is the feedback voltage for

the force controller.
Then the feedback voltages for the 8 metering valves can be expressed as,
Vip = Uy, Where, k =3 and 4, for x; > 0, and k = 1 and 2, for x; < 0 — for CIMV (3.2¢)
where, k =3 and v,;,, = 0, for x; = 0, and k =1 and v,;,, = 0, for x; < 0 — for IMV
= vp,wWhere, k=5 and 6, for x; > 0, and k=7 and 8, for x; < 0 - for CIMV. (3.2f)
where, k =5 and vg, = 0,, for x; = 0, and k =7 and vg;,, = 0, for x; < 0 - for IMV.
3.3 Order-separated Composite Feedforward Position-Force Controller

A feedforward modelling for the proposed study is detailed next corresponding to exciting Cyl: for motion
tracking and Cyl, for force control in CIMV or IMV mode. During retraction of Cyl;, For CIMV mode,

the excited pair of valves VV3-V4, controlling the flow in Cyl; remains under identical variable excitation
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mode. For IMV mode, the valve V4 metering the return flow, remains under fixed excitation V .. During

the corresponding piston extension in Cyl,, V5-V6 remains in identical variable excitation for CIMV

mode, while the valve V6 metering the return flow, remains under fixed excitation V for IMV mode.

Similarly, during extension of Cyl;, For CIMV mode, the excited pair of valves V1-V2, controlling the
flow in Cyl: remains under identical variable excitation mode. For IMV mode, the valve V2 metering the

return flow, remains under fixed excitation V . During the corresponding piston retraction in Cylz, V7-

V8 remains in identical variable excitation for CIMV mode, while the valve V8 metering the return flow,

remains under fixed excitation Vm for IMV mode.

Following the order-separated approach, considering that the effects of the valve and cylinder leakages
and oil compressibility is of lower-order compared to the effect of piston motion, the feedforward voltages

in the metering valves can be represented as

Vig = Vi + Vi + v, fork=1,3,57 (3.33)

and Vig41yr = Vs, fork =1, 3,5,7, for CIMV mode (3.3b)
= 1}, = afixed value, for IMV mode. (3.3¢c)

It goes without saying that

Vi, Vig < Vi, fork=1,3,5,7 (3.3d)

where the subscript B indicates the basic feedforward component corresponding to the piston motion
under constant-density flow and v, and v,z are the lower-order compensations for the valve leakage and
oil compressibility respectively. In the feedforward formulation, the displacement, velocity, and
acceleration of the piston are as per the demanded profile of motion and can be presented as x4, x4 and X,
respectively, while the force can be expressed as Fq — where the suffix ‘d’ stands for the demand. All other
variables in equations (2.1) to (2.9) are followed by a suffix ‘f’ to indicate feedforward formulation.
Furthermore, all the chamber pressures, pump pressure and pump flow can be represented as summation
of two order-separated components — one as the basic feedforward component corresponding to the piston
motion, represented by an uppercase alphabet with suffix ‘B’, and another lower-order compensation for
the combined leakage and oil compressibility, represented by the corresponding lowercase alphabet.

Hence,
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Peif = Peip + pei fori=1,2
where, p;; K P

P.if = Prip + pyip fori =12
where, p,; < Ppip

Pps = Ppp + pp

where, pp < Ppg

and Qps = Qpg + qp

where, gp < Qpg

Also p.; and p,; (for i = 1,2) are neglected.

Correspondingly using eq. (2.1), the feedforward model of friction can be expressed as,

fr = {6+ (fe = f) exp( — %3/%8)} sgn(a) + ayia

(3.4a)

(3.4b)

(3.4c)

(3.4d)

(3.4e)

(3.4)

(3.49)

(3.4h)

(3.4i)

From eq. (2.9) and considering eq. (3.4€) and using first order Taylor Series expansion, one can write,

Ppr = Ppp +pp
=PC+(PCO—PC)tanh{M}
Qc
= Ppp + 2L (Qp — Qpp)
PB 2arsl Pf PB
Hence,
Ppy 9Py
pp = Ppr — Ppp = | (Qps —Qpp) =57
p = Ppr — Ppp 5prB(Pf PB) 80

- () o (2522) - 1}

qp

(3.4))

(3.4K)
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The force balance equations given by egs. (2.2a) and (2.2b) can be expressed as
(m/2)iq = Fq — PeafAc + PrafpAr — ff

= Fq — PeypAc + PrigAr — ff — (Pc1Ac — Pridy) (3.41)
(m/2)kq = —Fq + PepAc — Prar Ay — ff

= —Fq + PeogAc — Prap Ay — ff + (Pc2Ac — Pr2 Ar) (3.4m)
3.3.1V3-V4 in Cyl; and V5-V6 in Cyl activated
Based on the above discussion, equations (2.5a) to (2.5h) can now be expressed as,

chf =AcXg — Clp{(PclB —Pryp) + (pcl - prl)} - PclB{ch —Acxgq}/x

v ( —Pr1) >
= Acxd —Cp (PclB - rlB) {1 + M} - PclB{ch - Acxd}/K (3-53-)

(PclB_PrlB)

[ (Per — Pr1) K (Peip — Prip)]

= (cperVy + 1)\ (Peap + Pe1) — Clc\/{(PPB — P.ip) + (pp — Dc1)}

= {coer(Vas + Vg + Vag) + C1c}Perp {1+ 0.5} — ¢ (P — Peyp) {1+ 0.5 22220} (3.5p)

Pcip (PpB—Pc1B)

[ (Pp — Pc1) K (Ppp — Pe1p) and poy K Ppypl

Similarly,

Qch = Acxd - Clp (PrZB - PCZB) {1 + M} + PCZB{'QCZ + Acxd}/K (3.5C)

(PTZB _PCZB)

= {coca (Vs + sy + Vsp) + €ic}(Pop = Pegp) {1 + 0.5 2222k ¢ p, {1+ 0522 (350)

(Ppp—Pc2B) Pc2B

Qr1f = AyXgq — C1p(Pcap — Prip) {1 + M} + Pryp{Q + Arxg}/x (3.5e)

(PclB_PrlB)

= {Cor1 (Vag + Va1 + V3p) + €} (Ppg — Prp) {1+ 05220 ¢ p {14052} (356)

(PpB—Pr1B) PriB
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Qro2f = ArXg — Cpp (Pr2p — Pe2p) {1 + M} - PTZB{-Q?"Z — Arxgl}/K (3.59)

(PrzB _PCZB)

= (cora(Ves + Vo1 + Veg) + Cur}Prap {1 + 0.5 22} — ¢, (Ppp — Prp) {1+ 0.5 227220 (3.5h)

Pr2B (Pp—Pr2B)

From the expression of pump flow in eq. (2.7)
Qpr = Qpp + qp (3.6)

= {cor1(Vap + vs1 +vsg) + 1} (Ppp — Prap) {1 +0.52p=Pr)) } +

(Pp—Pr1B)

(Pp — Dc2) } +

+{Cv62 (VSB + V5, + VSﬁ) + Clc}(PPB — Pgyp) {1 +05——7+-——
(Ppg — Pc2p)

_ (pp—Pr2) _ (PP—Pc1)
0 (Pop = Prag) {1405 52222 4 01 (P — Pey) {1+ 0.5 32224} (3.7)

3.3.1.1 Estimation of Motion-Inducing Terms

After separation of the higher order terms from eq. (3.5a) — (3.5h), 3.6 and 3.4(j) the valve flows pump

flow and pump pressure equations are reduced to

Qcip = Acka = (Coc1Vap)y/Pers (3.82)
Qczp = Ackq = (Coe2Vsp)y/Pep — Pezp (3.8b)
Qrip = Arkg = (Cor1Vap)\/Prs — Prap (3.8¢)
Qr2p = Arkg = (CoraVen)\/Pras (3.8d)
Qpp = (Ac + Ap)xg (3.8e)
Ppg = P, + (P, — P.) tanh{(Qo — Qp5)/Qc} (3.8f)

Similarly, collecting the higher order terms from eq. (3.41) and (3.4m)
(m/2)iq = Fq — PeapAc + PripAy — ff (3.89)

(m/z)jéd = —Fq + PapAc — Prap Ay — ff (3.8h)
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From eq. (3.8a) and (3.8d) P,;5, P, Can be expressed as

PclB = {(Acxd)/(cvclvle)}z (393.)

Differentiating the above equation with respect to time, one obtains

PCIB = Zxdjéd{(Ac)/(Cvc1V4B)}2 (39b)
Similarly, Prop = {(A;%4) / (Cor2Vep) ¥ (3.9¢)
and, Prpp = 22454 {(A)/ (Cor2Vep) (3.9d)

From the basic force equation expressed in (3.89)
Prip = {(%) Xa+PeipAc + ff — Fd} /Ar (3.10a)
Differentiating eq. (3.10a)

PrlB = {(%) 5C.d + PclBAc + ff - Fd} /Ar (3-1Ob)
From basic motion equation expressed in eg. (3.8h)
Peas = {(2) ¥a+PrzsAr + f; + Fa} /A (3.10¢)
Differentiating eq. (3.10c), one can get
PCZB = {(%) %d + PrZBAr + ff + Fd} /Ac (3-1Od)
As Q,p is known from eq. (3.8e), P, can also derived from eq. (3.8f).

Hence from equation (3.8b) and (3.8c),
Vsg = AcXa/{Cvcay/Prg — P2} (3.10e)
Vap = Arxd/{cvrlx/ Ppp — Pryp} (3.10f)
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For CIMV

Vap = Vag (3.109)
Ve = Vsp (3.10h)
For IMV

Vag = Vip =V (3.10i)

3.3.1.2 Estimation of Compressibility Related Terms

Considering the compressibility related terms from valve flow equations expressed in eg. (3.5a) — (3.5h),

one can write,

— Launlla 2405 = (¢yc1v4p)Pers (3.112)
PCZB {QCZJ;M = (Cvczvsﬁ)m (3.11b)
Prap P = (0 v3p)yPrs — Prip (3.110)

— roplre ot _ (¢ 060)\Pras (3.11d)
Considering, vy, + vy, = 0 form=4and 6. (3.11e)

Using the expressions for P, 5, P,,5 are expressed in eq. (3.10b) and (3.10d), the voltages corresponding

to compressibility for supply valves (V3, V5) i.e., v35,vsp can be derived from eq. (3.11b) and (3.11c)

Vsp = Peap 25D {c,y [Pog — Peos) (3.110)
U3 = PrlB M/{Cvmm (3.119)
For CIMV

Vsp = V3p (3.11h)
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Vep = Usp (3.11i)

For IMV

For the IMV configuration, voltages corresponding to compressibility for return valves (V4 and V6) i.e.,

Vg, Vep respectively can be derived from eq. (3.11a) and (3.11d).

Pc1p{2c1-Acxg)

Uyp = —W (3.11))
Prapl@ra—Arxg)

[ e — (3.11k)

3.3.1.3 Estimation of Leakage Related Terms

Separating the leakage related terms from eq. (3.5a) — (3.5h) one can write,

0 =0.5¢pc1Vap ( B ) + (CperVar + Clc)m Clcm + ¢ip (Prip — Pcap) (3.12a)

Pp—Dc
0 = 0.5¢y;Vsp (ﬁ) + (Cpeavs; + Clc)\/ Ppp — Peop — Cie/ Pe2p — Clp(PcZB Pr25) (3.12b)

Pp—Dr
0 = 0.5¢pr1V3p (ﬁ) + (cyr1v3 + Clr)\/ Ppg — Prig — Cip/ Prip Clp(PrlB Pc1p) (3.12¢)

0 = 0.5¢pr2Vep ( Dr2 ) + (cyr2Ver + Cir)y/ Prap — Ciry/ Ppg — Prop + Cip(Peap — Prag) (3.12d)

Collecting the lower order terms from eq. (3.7), the pump flow perturbation g, can be expressed as

qp = 0.5¢pr1V3p (pp - prl)/(PPB - PrlB) + (Cwl{v3l + v3[f} + Clr)\/ (PPB - PrlB) +

0.5¢yc2Vsp(Pp—Dc
% 2+ (cucafvst + vsg} + el oo = Peas) + oo/ o = Pras) +
Prs— Pars) 8429

Collecting the lower order terms from eqgs. (3.4l) and (3.4m),

pclAc - prlAr (3-12f)
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Dc2Ac — Pr2Ar (312g)

To derive perturbation pressures for both cap-end and rod-end chambers of both the cylinders, one can
use equations (3.12a), (3.12d), (3.12f) and (3.12g) and write,

JPr
Pr2 = m [¢trv/ Ppp — Prap — Peap — Prap — (Cor2Ver + Cir)y/ Pras] (3.131)
Pc2 = Pr2Ar/Ac (3.13b)

P
Pc1 = Pt [Cic+/ Ppe — Peap — Prip — Peip — (Cpe1Var + 1)/ Peisl (3.13¢)
0.5¢yc1VaB

br1 = pclAc/Ar (313d)

From eq. (3.12b) and (3.12c), one can get vy, vg; using all the variables derived earlier.

o= o LI ) 5, (B2 (139
v = o (el + T 0560V (1252) - 3130
For CIMV

Vg = V3 (3.13g)
Vel = Vst (3.13h)
For IMV

V= (3.13i)
Vet = "Vep (3.13))
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3.3.2V1-V2in Cyl; and V7-V8 in Cyl activated

When the pistons have a negative velocity demand, the actuating valves are V1-V2 for Cyl; and V7-V8
for Cylz. In IMV mode the return path valves (i.e.VV2 & V8) are excited with a fixed voltage whereas the
supply path valves (i.e., V1 & V7) are excited with varying voltages. Following a similar logic as detailed
in the previous section, eqs (2.5a) — (2.5h) can be written for the negative velocity of the piston as,

{Qc1+Acxq}

Qeip = AcXa + Pclf p — Cip(Peay — Prag) (3.14a)
= (cyer{Vap + v + vig} + €ic)\/Pos — Pery — CienfPess (3.14b)

. Peor{ca—Acxg}
QCZf =Acxq — e ed + Clp(Przf - Pczf) (3.14C)

K

= (cvea{Vep + Va1 + Veg} + Cic)\/Peas — Ciey/Pry — Pezs (3.14d)

Prlf{ﬂrl —Arxg}
K

= (Cvr1{V23 + vy + vyp} + Clr)\/ Prig — Cip/ Ppy — Pray (3.14f)

{Qr2+Arxg}
K

Qrif = ArXg — —Cp (Pclf - Pr1f) (3.14e)

Qray = Arkq + Proy + ¢ip(Prag — Peay) (3.149)

= (Cer{V7B + vy + v7ﬁ} + Clr)\/ PPf - Per - Clr\/ Per (3-14h)

Pump pressure will be expressed by the same eq. (3.4j) and pump flow equation can be expressed as
QPf = Qpp + qp = (Cer{V7B + vy + U7B} + Clr)\/ PPf - Przf + C Per +

(Cvcl{VlB t+vy + vlﬂ} + Clc)\/ PPf - Pclf — Cicy/ Pclf (3-153-)

Applying order separation method, as in the earlier section, feedforward voltages corresponding to higher
order basic and lower order compressibility(vks) and leakage(vi) for valves V1-V2 in cyl; and V7-V8 in
cylo using the valve flow, pump flow, pump pressure considering piston motion, force, friction; one can

eventually come to
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Vip = Acka/{Cvc1y/Ppp — Pc1p}

Vo = ArXa/{Cvr2y/ Ppp — Pr2p}

Vip = w/{cvm\/ Ppp — P15}
V7p = w/{%rzm

1 CicyPciB Cip(Pc1B—Pri1B) Pp—Pc1
bu = + = 0.5¢pe1Vip (5= —) = cucl
Cve1 /PPB—Pc1B VPPB—Pc1B Ppp—PciB
1 Ciry/ Pr2B Clp(Pr28—Pc2B) Pp—Dr2
Uy = [ + — 0.5¢,, V75 — iy
cvr2 \/PPB—Pr2B VPPB—Pr2B Ppp—Pr2B
For CIMV
Vop = Vig
Veg = V75
Vap = Vap
U8ﬁ = U7ﬁ
Vo1 = Vg
Vg1 = V71
For IMV
Vop = Vgg = Vi

_ Prip {Qr1—Arxg} _
Vap = —— /Cvr1\/ Prip = —vy

_ PCZB{'QCZ_ACXd} _
Vep = —— /CvCZ\/ Pop = —vg

(3.15a)

(3.15b)

(3.15¢)

(3.15d)

(3.15€)

(3.15f)

(3.16a)
(3.16h)

(3.16¢)

(3.164)

(3.16€)

(3.16f)

(3.169)

(3.16h)

(3.16i)
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3.4 Summary

The present chapter deals with design and development of a comprehensive feedforward position-force
controller coupled with a pair of proportional-integral (Pl) feedback controllers to drive an
electrohydraulic load simulator comprising of a pair of double-acting single rod cylinders — connected
end-to-end, along with a variable displacement pump and eight solenoid-operated 2x2 proportional valves.
The uniqueness of the control scheme is control of a set of valves for individual metering of the cap-end
and rod-end chambers of the 2 actuators. The feedforward controller comprehensively uses the motion
and force demands to estimate the control voltages of the valves. An order-separated approach has been
followed for designing the feedforward controller where the contributions of the valve and cylinder
leakage as well as fluid compressibility is considered to be of lower order compared to the effect induced
by the piston motion. An explicit method to design the above-mentioned system has been proposed here.
The most notable aspect of the latter design is its wide range of applicability for compressible and
incompressible flow, for fixed-displacement to pressure-compensated pumps, proportional and servo
proportional valves as well as single and double-rod double-acting cylinders. Where the flatness-based
controller design is the outcome of conventional technique, the novelty of the approach followed here
(Sarkar et.al., 2023) for feedforward design lies in exploiting the natural order-separated form of the oil
flow, leading to a non-iterative algebraic sequential estimation algorithm. A pair of Pl-feedback
controllers has been considered for the motion and force control — which augment the feedforward control
signals. The performance of the controller has been tested for different scenarios as discussed in detail in

the next chapter.
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CHAPTER 4

RESULTS AND DISCUSSIONS



4.1 Introduction

A simulation study in MATLAB-SIMULINK with ODE45 (Dormand-Prince) solver with a variable time
step with a maximum of 10°s and relative tolerance of 102 has been executed. A schematic of the
Simulink GUI is shown in Fig. 4.1 below.

sﬂ%;aé%%%i:z%;‘-”—?%i;??
L
:5% |
[

(it i Tablo 2 M
Fig.4.1: Simulink GUI for feedforward-pi control of dual-cylinder electrohyd rIic Isimulator
The “DEMAND Subsystem” generates the demanded position xq(t) and force Fq(t) along with demanded
velocity Xq-got(t) and acceleration Xq-adot(t) profiles — to be used in the feedforward control voltage
estimations and error calculations in the feedback voltage estimations. The “Parameters” block provides
all the plant parameters as listed in Table 2.1 — to be used in the plant model as well as the controller
models. The “Feedback Voltage” block estimates the PI voltages for the 8 metering valves based on the
position and force errors. The “Feedforward Voltage” block calculates the feedforward voltages for the 8
metering valves. The “Plant” block estimates the position of the piston and the force generated due the

combined control voltages in the metering valves.

Results of the closed loop simulations performed for sinusoidal position and force tracking demand has
been compared for both the CIMV and IMV configurations. Several force demands, like sinusoid, fixed,
linearly time-varying, spring load, spring-damper load has been explored for sinusoid and fixed position
demands. Results of position and force tracking, the control voltages in the 8 metering valves, the chamber
pressures have been presented and explained. Several performance parameters have been calculated for
quantitatively comparing the performances of the different cases. The first of these is the integral absolute

position error given by
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IAE, = (f; lexldt)/(axnT), (4.1a)
where, ey is the position error given by eq. (3.2b).

The second one is the integral absolute force error given by

IAE; = (] legldt)/(apnT), (4.1b)
where, er is the force error given by eq. (3.2d).

The next one is the integral square control effort

ISCE; = (f," V2dt)/(V2,nT), fori=1to8 (4.1¢)
Where Viis the combined FFPI voltage in the i'" metering valve.

Power input from the variable displacement pump is

T

T
M, = (M) (4.1d)

By operating the pump in the variable-displacement mode in comparison to the fixed displacement mode

maintaining the pump delivery at the relief valve pressure pg,. The power saving is calculated as

ﬁps = ﬁp — QoPrv- (4-16)

Where Qo is the fixed discharge from the fixed displacement pump and pry is the relief valve pressure

setting.

The exit power loss in the metering valves can be estimated as,

My = ?:1(f0T(QijPij)dt /T),j=CorR. (4.11)

The variations of IAEy, IAEF, ISCE;, I, and I1,,,,,; are also presented for quantitative comparison of the

performances of the different cases.
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The proportional and integral gains in evaluating the feedback voltages as per egs. (3.2a) and (3.2c) are
taken as, Kex = 500 V/m, Kix = 150 V/(ms), Ker = 0.02 V/N, Kix = 0.003 V/(Ns). These values have been
obtained by several trial and error with the simulation tool developed. The same gain values have been
used for the CIMV and IMV configurations.

4.2 Performance Comparison of IMV and CIMV Configurations

In Figures 4.2(a) and 4.2(b), the position response and the force response of the dual-cylinder loading
system are presented respectively. The position demand is given by

xq(t) = a,sin{(2nt/T) + ¢, } + x, (4.2a)

where the demand amplitude ax = 0.1m, the time period T = 2s, the phase ¢ = 1.5z and the bias xo =

0.1m. The force demand is expressed as
F;(t) = apsin{(2nt/T) + ¢} (4.2b)

where the demand amplitude ar = 1500N, the time period T = 2s, the phase ¢r = 1.57. Results are presented
for a CIMV arrangement where excitations of the valves metering the return flows from the 2 cylinders
are identical to the corresponding valves metering the supply flows in these cylinders. Along with these,
results for the IMV arrangements where the metering valves in the return paths of the flows from the 2
cylinders are excited by identical fixed voltages — namely 2V, 4V, 6V, 8V and 10V —are shown in Figures
4.2(a) and 4.2(b).

As can be seen, the best performances have been exhibited by the CIMV configuration compared to the
IMV configurations. This is also evident from the non-dimensional performance indices IAEx and |AEF
—as listed in Table 4.1. This is likely to happen, as, for the IMV configurations, one forfeits the continuous
control of the return path metering valves based on the position or force errors. On the other hand, for the
CIMV, the control of the return path metering valves is continuously monitored based on the errors —
similar to, the supply path metering valves. Hence, the performance on IMV appears inferior to the CIMV.
However, further exploration needs to be carried out to see if the IMV performances can be improved by
suitable tuning of the Pl-controller gains — at values different from those used for CIMV. It is further
observed that for higher IMV return path valve voltages, the error is higher for voltages greater than or

equal to 4V. However, for the negative piston velocity zone the highest error is seen for 2V IMV

39



excitation. The best performance of the IMV is seen when the return path voltage is set at 4V. This is

evident from Figs. 4.2(a) and 4.2(b), as well as from Table 4.1.

It is further observed in Fig. 4.2(a) that as the demanded piston velocity changes sign at half the cycle
time, the position response shows a sudden drop and then follows a track with lesser slope than that of the
demand for some duration till it catches up with the demand again. This effect is manifested as spikes —
first positive which is soon followed by a negative one — in the force response as shown in Fig. 4.2(b).
This is attributed to the nature of the control structure. For positive x;, the metering valve combinations
which are activated are V3 — V4 for Cyl; and V5 — V6 for Cyl, — all intending to move the cylinders in

the positive x — direction.
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Fig. 4.2: Comparison of (a) position response and (b) force response — for a CIMV and IMV
arrangements at different return path valve excitations.

Since the demanded piston velocity changes sign at half the cycle time, the active valve combination also
changes to V1 — V2 for Cyl; and V7 — V8 for Cyl, — all now intending to move the cylinders in the

negative x — direction. But during this reversal, if the position error is still positive, to minimize this error,
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it is essential for the piston to carry on moving in the positive x — direction — which it is unable to do due
to switching of the valve combinations. Hence this sudden drop occurs and it regains effective tracking

once the demand falls below the actual position i.e.; the position error becomes negative.

Figures 4.3(a) — 4.3(h) presents the FFPI control voltage for the 8 metering valves. For x; = 0, supply
flows to the rod end of Cyl1 and cap end of Cy2 occur through valves V3 and V5, respectively; while
return flows from the cap end of Cyl1 and rod end of Cyl2 occur through valves V4 and V6, respectively.
For x,; < 0, the corresponding supply flows to the alternate chambers of the cylinders occur through
valves V1 and V7 and return flows through valves V2 and V8. For the positive cycle (x; = 0) i.e. for half
cycle (t/T<0.5), V3 — V6 are the active metering valves. The complementary metering valves are activated
during the negative cycle (i.e. x; < 0). Hence, for positive 1% half cycle the metered valves (V3 — V6)
have some voltages while the remaining valves have zero voltage input. For the 2" half of the cycle the
metering valves (V1, V2, V7 & V8) have some voltages but voltage for valves V3, V4, V5 and V6 are

Zero.

A comparison of Figs. 4.3(b), (d), (f) and (h), with Figs. 4.3(a), (c), (e) and (g) reveals that the value 4V
(inV4 —-Ve6 for x; = 0, V2 -V8 for x,; < 0, for IMV) is close to the maximum voltage in the return path
metering valves of the CIMV. So, looking at Figs. 4.2(a) and (b), one may conclude, that for IMV
configuration, the best performance is ensured when the fixed voltage in the return path metering valves
of IMV is close to the maximum voltage is the return path metering valves of the CIMV. Furthermore, if
the IMV return path metering valve fixed voltage is less than this value of 4V (as in IMV-2V in the present
study), then to compensate for the loss of continuous control is the return path metering valves, the
voltages in the supply paths for IMV-2V shoots up to very high values (in V3, V5, V1 and V7) — often
reaching a voltage saturation of 10V leading to a loss of control henceforth. This explains the poor tracking
performances for IMV-2V in Figs. 4.2(a) and 4.2(b).

For IMV, if the fixed voltage in return path metering valve is greater than this value of 4V (as in IMV-
6V, 8V, in the present study), the voltages in the supply paths are comparable to those of CIMV (in V3,
V5, V1 and V7). For IMV-10V, some incidence of voltage saturation is observed in Fig. 4.3(g) and some
high overshoots in Fig. 4.3(c). This leads to the degradation in tracking performances for IMV-10V, as
seen in Figs. 4.2(a) and 4.2(b).
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Since for the IMV cases, the return path metering valves are kept wide open, hence for voltages in the
range 4-10V, the average return chamber pressures are lower than the CIMV case. For the first half cycle,
when the demanded velocity is positive, the return chambers are the cap end for Cyl: and rod end for Cyl..
From Figs. 4.4(a) and 4.4(d), indeed the average pressures for IMV are lower than those for CIMV. From
expressions of the force generated in eq. (2.3), if the cap end (or rod end) pressure reduces, then to maintain
the load, the corresponding rod end (or cap end) pressures must also diminish. This is revealed in Fig. 4.4.
For IMV-10V, the return path pressures are almost equal to zero which is the tank pressure. So, the supply
path pressure needs to be very low also. This is ensured by the low value the control voltage in V3 as
shown in Fig. 4.3(a).
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Fig. 4.3: Comparison of FFPI control voltage for metering valves 1 to 8 — for a CIMV and IMV
arrangements at different return path valve excitations.

Figures 4.5(a) and 4.5(b) represent the power saved as compared to a fixed displacement pump and the
exit loss in the return path metering valves respectively. As can be seen, for almost all the cases the power
saving is maximum for the CIMV. This is again due to poor tracking performances by the IMV cases

resulting in higher power requirement from the pump. As mentioned earlier, further study by tuning the
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PI gains need to be carried out. Also, the exit loss reduces with greater opening of the return path metering
valve in the IMV cases for voltages greater than 4V. For the latter, it is comparable with the CIMV for
reasons mentioned earlier. The exit loss is sufficiently high for the IMV-2V case due to control saturation.

From the discussion presented earlier and the Table 4.1 below, it can be concluded that for a fixed gain
FFPI controller, CIMV exhibits better performance than IMV —on count of tracking error, control effort,

power savings and exit loss. Thus, the remaining studies have been carried out for CIMV configuration.
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Fig. 4.4: Comparison of cylinder chamber pressures in (a) cap end of cylinder 1, (b) rod end of
cylinder 1, (c) cap end of cylinder 2 and (d) rod end of cylinder 2 — for a CIMV and IMV
arrangements at different return path valve excitations.
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Table 4.1: Controller Performance Indices for a CIMV and IMV arrangements at different return
path valve excitations
Configuration | |AE, |AEr ISCE: ISCE2 ISCEs ISCEs ISCEs ISCEs ISCE; ISCEs
CiMv 0.03 0.10 0.02 002 005 005 003 003 006 0.06
IMV(2v) |0.25 125 021 002 033 0.02 001 002 027 0.02
IMV(4V) |0.05 022 002 008 005 0.08 0.03 008 0.08 0.08
IMV(6V) |0.06 0.15 0.02 018 0.03 018 0.01 018 0.05 0.18
IMV(8V) |0.10 0.12 001 032 001 032 001 032 004 0.326
IMV (10Vv) | 0.22 0.14 010 050 0.00 050 002 050 0.07 0.50
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Fig. 4.5: Comparison of (a) pump output power and (b) total exit loss in the metering valves of the
2 cylinders — for a CIMV and IMV arrangements at different return path valve excitations.

4.3 Performance Comparison for Different Constant Load Demands and

Sinusoidal Position Demand

Constant load operation is often desirable in case of cutting tools to ensure that the best overall cutting
parameters can be used, resulting in substantially lower cycle times. Moreover, this practice enables better
utilization of the cutting tool while extending its life in the bargain. At the same time faithful trajectory
tracking of the cutter is also required. Hence load simulators are often used to check the controlled position
response of the piston in the face of a simulated constant load. For single cylinder arrangements, such
constant loads may be generated using a dead weight as shown in Fig. 4.6 below, where a wire is attached
at the rod end of a double-acting single-rod hydraulic cylinder. This wire passes over a pulley and a dead

weight can be suspended from its end to create the constant force loading scenario.
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Fig. 4.6: Constant force loading of a hydraulic cylinder.

In the case of the load simulator, this is achieved by a constant load demand to the forcing cylinder and
desired position demand to the motion cylinder. Simulation results for four constant load demand of ON,
1500N, 5000N and 10000N are shown in Figs. 4.7, 4.8 and 4.9 for a sinusoid position demand of 0.1m
amplitude at 0.5Hz frequency. From Figs. 4.7(b), (c), (d) and (e), for the entire cycle, the force demand is
satisfactorily achieved barring the initial transience at t = Os for nonzero force demands and at half the
cycle time with the sign reversal of the demanded velocity leading to switching from one set of metering
valves to another which leads to another transience. For the force demand of ON, the initial condition of
force, set for the dynamics of the piston in the simulation model of the piston matches with the demand.
Hence at t = Os, the force response matches with the demand. However, for the other nonzero demands,
there is a transience at t = 0s. This initial error between the force responses and demands for the cases of
nonzero demands, leads to large control voltages at t = Os in V5 and V6 in the force cylinder (Cyl,) — as
seen in Figs. 4.8(e) and (f). These lead to a deviation of the initial position response from the corresponding

demand as seen in Fig. 4.7(a). The transience at half the cycle time is larger for larger force demands.

It is evident from the expression of the generated force given by eq. (2.3) that for increasing its magnitude,
Pc1 and Pc2 should increase and Pr1 and Pr2 should decrease. This is manifested in the variation of control

voltages in Fig. 4.8 and variation of chamber pressures in Fig. 4.9.

During the first half cycle, the cap end chamber of Cyl; is connected to the tank through valve V4, while that of
Cylz is connected to the pump line through V5. To increase or decrease the pressures in these cap end chamber, the
openings of V4 and V5 should be increased or decreased by respectively increasing or decreasing the control
voltages. The predicted variations in Figs. 4.8(b) and 4.8(e) are consistent with these observations and the sinusoidal
demand forms. Similar variations of voltages in Figs. 4.8(a) and 4.8(f) respectively for effecting the periodic

variations of the openings of V3 and V6 produce corresponding variations of the rod-end chamber pressures. These
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valves remain closed during the second half cycle as the other four valves remain closed during the first half cycle.
Voltage variations similar to V4 — V5 and V3 — V6 pairs in the first half is apparent for V1 — V8 and V2 — V7 pairs
respectively in the second half in view of the corresponding switching of the valve connections with the cylinder
chambers. For the entire cycle, consistent variations of the chamber pressures in the cap and rod ends are seen in
Figs. 4.9(a) — (d).
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Fig. 4.7: (a) Position response and force responses with CIMV for a sinusoid position demand and

constant force demands of magnitude (b) ON, (c) 1500N, (d) 5000N and (e) 10000N.
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Fig. 4.9: Comparison of cylinder chamber pressures in (a) cap end of Cylinder 1, (b) rod end of

Cylinder 1, (c) cap end of Cylinder 2 and (d) rod end of Cylinder 2 — for a CIMV with a sinusoid
position demand and constant force demands of magnitude ON, 1500N, 5000N and 10000N.

0.04
(a) (b)
H‘n 0.1}
0.02
< 0.05}
0 F,=0kN 15kN  5kN  10kN 0 F,=0kN  15kN  5kN  10kN
0.2 T T T T T T T T
B F,=OkN El1.5kN [ |5kN [ 10kN (©
Jloml ml] B ENe sm | wm ] BRw BRm
V1 V2 V3 V4 V5 Vo6 V7 \%:)
§50 y
52 |©
8_?;25-
& 0
F,=0kN 15kN SkN  10kN

Fig. 4.10: Comparison of (a) IAEx, (b) IAEF, (c) ISCE and (d) power saving for variable
displacement pump — for a CIMV with a sinusoid position demand and constant force demands of
magnitude ON, 1500N, 5000N and 10000N.

As seen in Fig. 4.10(b), the IAEr increases progressively with the load value, barring the case of ON. This is because,

for the case of ON, to calculate the IAEF, a small force magnitude is used for normalization to avoid division by

zero. The IAE for the other cases and 1AE,, as evident in Fig. 4.10(a), is consistent with the findings in Fig. 4.7.
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To counter the higher force tracking error, the control efforts for the motion cylinder increase for V1, V2, V5 and
V6 increases with the load — as is seen in Fig. 4.10(c).

4.4 Performance Comparison for Different Spring Stiffness for a Spring-
Loaded Cylinder with Sinusoidal Position Demand

Spring-loaded hydraulic cylinders are quite common in several applications like active car suspension
systems, aircraft fin-control, machine tools and earthmoving vehicles. For single cylinder arrangements,

such loads may be simulated using a linear spring as shown in Fig. 4.11 below, attached between the rod
end of a double-acting single-rod hydraulic cylinder and a rigid end support.

spring

%

cylinder

end support

%

end support

~.

to hydraulic lines
Fig. 4.11: Spring loading of a hydraulic cylinder.
In the case of the load simulator, this is achieved by using a force demand to the forcing cylinder expressed

as
Fq =ksxq, (4.3a)

where ks is the spring stiffness and Xq is the desired position demand to the motion cylinder. Simulation
results for four spring stiffness values of 2500N/m, 15000N/m, 50000N/m and 75000N/m are shown in
Figs. 4.12, 4.13 and 4.14 for a sinusoid position demand of 0.1m amplitude at 0.5Hz frequency. If one
looks into the Fig. 4.12(a) closely, one can say that the position response for CIMV with increasing
stiffness of the spring (ks) does not show any significant change, except at the half the cycle time as the
velocity of the piston changes its sign from positive to negative at this point. But from Figs. 4.12(b) — (e),
one can say that as the stiffness of spring increases, not only the force error increases, but also the time
duration to catch up the recover the deviation from the force demand also increases. Hence, it is evident
from these figures that the tracking responses is getting poorer with increasing spring stiffness for a CIMV

with sinusoid position demand and spring force demand.
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Fig. 4.12: (a) Position response and force responses with CIMV for a sinusoid position demand
and spring force demands of spring stiffness of (b) 2500N/m, (c) 15000N/m, (d) 50000N/m and (e)
75000N/m.

From the expression of generated force in equation (2.3), it is evident that it increases with increase in
cap-end pressures of both the cylinders together with the decrease in the rod-end pressures. As spring
stiffness increases, the generated force also increases. For positive cycle, to increase pressure at cap end
of cylinder 1 the valve V4 which is connected to the tank, should have less opening, hence voltage V4
should decrease as spring stiffness increases. Similarly, to increase pressure at cap end of cylinder 2 the
valve V5, connected to supply, should be wide opened. Hence, the voltage Vs should increase with
increasing stiffness of the spring. Again, to reduce pressure at rod end of Cyl;, voltage in V3 should
gradually reduce with increase in ks and to reduce pressure at rod end of Cyly, voltage in V6 should

gradually increase with increase in ks.

This is exactly what one can see from the Figs. 4.13.(a), (b), (e) &(f). The opposite behavior is seen from
Figs. 4.13(c), (d), (e) and (g). The initial voltages for the first half cycle in these figures are zero as valves
V1, V2, V7, V8 are excited during the negative velocity demand phase. In 2" half cycle, it is observed
that with increasing spring stiffness V1 and V> increase and V7 and V8 decrease —. This is consistent with

the expression of force derived in eg. (2.3).
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Fig. 4.13: FFPI control voltage for metering valves 1 to 8 — for a CIMV with a sinusoid position

demand and spring force demands of spring stiffness of 2500N/m, 15000N/m, 50000N/m and
75000N/m.

Figures 4.14(a) — (d) present the chamber pressures with a non-dimensional time (t/T) for both the
cylinders for a CIMV with sinusoid position demand and different spring stiffness ks. It is evident from
Figs. 4.14(a) & (c) that with increase in spring stiffness the cap end pressures increase and at some time
even reached the saturation value. It is observed from Figs. 4.14(b) & (d), that the rod end pressure
decreases as the spring stiffness increases — opposite to cap end pressures. From the force equation, one
can easily relate to these. To increase load or force, cap end chamber pressures need to be increased but

the rod end pressures must be decreased.

Fig 4.15(a) — (b) shows the integral absolute error for both motion and force, integral square control effort
and power saved for a CIMV with sinusoid motion demand and different force demands. It is noticed that
IAEy is almost insensitive to ks — in the range explored. Howe IAEF is nearly close to 0.7 at stiffness 2.5

kN/m. Then it drops suddenly, for the stiffness value of 15kN/m and then it increases with stiffness.

Fig 4.15(c) shows that the integral square control effort (ISCE) for the forcing cylinder, V1, V2, V5 and
V6 follow the same pattern. It is increased with increasing ks for these valves. But for the motion cylinder
V3, V4, V7, V8 ISCE shows opposite trend. Again, it is seen that power saved is almost equal in all the

Cases.
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4.5 Performance Comparison for Different Damping Coefficients for a

Spring-Damper Loaded Cylinder with Sinusoidal Position Demand

Spring-damper loading of hydraulic cylinder are commonly used in various industrial and automotive
applications for example automotive suspension systems, construction equipment, industrial machinery,
aerospace industry, material handling equipment, etc. These are just a few examples, but hydraulic
cylinders with spring-damper loads can be found in many other applications where controlled motion,
vibration damping, and shock absorption are necessary.

A spring- damper loaded single-rod double-acting hydraulic cylinder is shown below in Fig. 4.16. For a
constant spring stiffness (ks) of 15000 N/m and different damping co-efficient (cq), values of 2.5kNs/m,
15kNs/m, 20kNs/m and 30kN/s, the combined force and position responses for a position demand with
0.1m amplitude and 0.5Hz frequency, are shown in Figs. 4.17(a)-(e) for the force demand

Fd = ksxd + CdJ.Cd. (43b)

It is seen from Fig. 4.17(a), that the position responses are nearly same for different values of the damping
coefficients. The position response slightly deviates from demand after first half cycle (i.e., after /T=0.5).
As negative cycle starts at this point, the active metering valve combination suddenly changes from V3-
V4-V5-V6 (for positive demanded velocity) to V1-V2-V7-V8 (for negative demanded velocity). This is

why the deviation occurs at this point for each case.

It is clearly viewed from Figs. 4.17(b) — (e), the force error decreases with increasing damping co-efficient
values. At cq= 30 kNs/m, the force error is almost negligible, as seen from Fig 4.17(e). So, it is revealed

that force tracking improves with increasing damping co-efficient.
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Fig. 4.16: Spring Loading of a Hydraulic Cylinder.
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Fig. 4.17: (a) Position response and force responses with CIMV for a sinusoid position demand
and combined spring-damper force demands of spring stiffness of 15000n/m and damping
coefficient (b)2500Ns/m, (c) 20000Ns/m, (d) 20000Ns/m and (e) 30000Ns/m.
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Figures 4.18(a) — (h) show the control voltage variations for the eight valves. It is clear from these figures
that with rise in damping coefficient value, there is a drop in the voltages for motion cylinder i.e., Cyl:.

But the opposite behavior is seen for force cylinder i.e., Cyl».

Figures 4.19(a) — (d) express the pressure at cap end and rod end for both the cylinder. Here an interesting
issue is noted when compared with the spring-loaded system. For the spring-loaded system, as the
demanded position is positive throughout the cycle time, the spring force also is always positive. To cope
up with this positive force, the cap-end chamber pressures should be higher and rod-end chamber pressures
should be lower throughout the cycle, as per eq. (2.3). However, with the damper, the damping force being
proportional to the piston velocity is positive in the first half cycle and negative in the second half cycle.
Hence the cap-end pressures should increase and rod-end pressures decrease with increase in damping
coefficient for the first half cycle. The reverse is expected to happen for the second half cycle. This is

consistent with the results in Figures 4.19(a) — (d).

Based on the discussions in the previous section, the control voltages shown in Figs. 4.18(a) — (h) are

consistent with the pressure variation mentioned above.
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Fig. 4.19: Comparison of cylinder chamber pressures in (a) cap end of Cylinder 1, (b) rod end of
Cylinder 1, (c) cap end of Cylinder 2 and (d) rod end of Cylinder 2 — for a CIMV with a sinusoid
position demand and combined spring-damper force demands of spring stiffness of 15000n/m and
damping coefficient of 2500Ns/m, 10000Ns/m, 20000Ns/m 30000Ns/m.
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Fig 4.20(a) indicates that the 1AEy is almost insensitive to the value of the damping coefficient which is
consistent with the tracking performances revealed in Fig. 4.17(a). Also, from 4.20(b) it is obvious to say
that the IAEF decreases with the rise in the value of cq — again something consistent with Figs. 4.17(b) —
(e). Fig. 4.20(c) indicates that the ICSE decreases for the valves V1, V2, V3 and V4 associated with the
motion cylinder and rises for the valves V5, V6, V7 and V8, associated with the force cylinder — with the
increase in damping coefficient. This is consistent with the variations of IAEx and | AEF.

Fig 4.20(d) indicates that cq4 has no major effect on the power saved.
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Fig. 4.20: Comparison of cylinder (a) IAEx, (b) IAEF, (¢) ISCE and (d) power saved — for a CIMV
with a sinusoid position demand and combined spring-damper force demands of spring stiffness
of 15000n/m and damping coefficient of 2500Ns/m, 20000Ns/m, 20000Ns/m 30000Ns/m.

4.6 Performance Comparison for Linearly Time Varying Load Demands

at Different Rates with Sinusoidal Position Demand

For this case the position demand is given by the same sinusoid expression as per eq. (4.2a) with the
demand amplitude ax = 0.1m, the time period T = 2s, the phase ¢ = 1.5z and the bias xo = 0.1m. The
linearly time varying load demand is generated using a trapezoidal wave form of fixed positive and
negative slope £« as shown in Fig. 4.21 and equations 4.4(a) — (i) below where T, o and fo represents the

time period of the cycle, slope and maximum force generated in the trapezoidal wave form respectively.
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o

-fo

Fig. 4.21: Trapezoidal waveform for linearly time-varying force demand

Fy=at for0<t<t, (4.4a)
= fo fort; <t <t, (4.4b)
= fo—a(t—t,) fort,<t<t, (4.4c)
= —f fort; <t<t, (4.4d)
= —fotalt—t,) fort, <t<T (4.4¢)

where t; = fo/ a (4.41)

t,="T/y—t; (4.49)

ty="1/y+1; (4.4h)

t,=T—t (4.4i)

Figures 4.22(a) — (e) indicates the position and force responses with CIMV and Figs. 4.23(a) — (h) the
control voltages for a sinusoid position demand and the time-varying force demand given by equations
(4.4a) — (4.41). The position tracking performances do not show any major differences for different force
demands. This is also revealed in the near constancy of the IAEy in Fig. 4.25(a). As noted in the earlier
cases, there is a deviation between the demanded position and the response during switching of the active
valve combinations. Eventually the position response catches up with the demanded track within a short
time. In Figs. 4.22(b) — (c), a spike is seen at the beginning of the cycle of the force responses. As the

initial condition of force is zero in the simulation model, it attains the maximum force demand (i.e. fo)
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which is 1500N through the spike in response. With decrease in «, the slope becomes gentler and
consequently the initial spike also reduces almost vanishes for o values of 3x10* N/s and 3x10% N/s. The
decrease in IAEFrin Fig. 4.25(b) is a manifestation of this. In all the force responses i.e., in Figs. 4.22(b) —

(e), at half the cycle time, there is another spike due to the switching of the active valve combination.

:E:O.Z . . — . —demand

= ol // (a) | —a=3x10" N/s

£ -= 15x10% Nis

g 0 ' ' ' — 3x10* N/s

& 0 02 04,06 08 1 A
z 2000 ¢, | ) | [ ------------ ! ©) |
8 0 - L - - t -
e T |
<= -2000 . . . . il . . , . ]
2 2000f ] ' o | ]
% ol \\ (d) | //\ l (e)
& 22000 t

0 0.2 0.4 0.6 0.8 10 0.2 0.4 0.6 0.8 1
t/T I/T
Fig. 4.22: For a sinusoid position demand and time-varying force demands with CIMV, the

responses in (a) position and (b) to (e) forces for ain N/s 3x10°, 1.5x10°, 3x10% and 3x10°.
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Fig. 4.23(a) — (h) show V3, V4, V5 and V6 to be active for positive half cycle and V1, V2, V7 and V8 for
negative half cycle. As the maximum force is constant for all the demands, there is not much change in
the voltage variations with the rate of demanded force variation (apart from the initial spike) — for the

range of values explored.

Figures 4.24(a) — (d) describe the chamber pressures for both cap end and rod end of two cylinders for
positive half cycle and negative half cycle with different time-varying force demands. The pressure curves
mimic the pattern of the force demand in the sense, there are 2 gradients in each half cycle and an
intermediate plateau for the constant force demand region. As the maximum force is constant for all the

demands, there is not much difference in the pressure patterns.

Fig. 4.25(a) indicates that the IAEx is almost insensitive to the value of the rate of force change, which is
consistent with the tracking performances revealed in Fig. 4.22(a). But it is obvious from Fig. 4.25(b)
that the force error (IAEF) is falling with the fall of slope of the linearly varying force demand. Fig. 4.25(c)
indicates the integral square control effort (ISCE) for 1 — 8 metering valves. There is no major change
occurred in ISCE for valves V1, V2, V3, and V4. But it is observed that ISCE falls with decrease in the

slope of the varying load demands. Power saved from fig 4.25(d) is quite similar in all the cases of

demands.
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Fig. 4.25: Comparison of cylinder (a) IAEy, (b) IAEF, (c) ISCE and (d) power saved — for a CIMV
for a sinusoid position demand and linearly time-varying force demand at the rates of (b) 3x10°
N/s, (c) 1.5x10° N/s, (d) 3x10* N/s and (e) 3x10° N/s.

In the first half cycle, as the demanded force is positive. During this time as the rod-end of motion cylinder
is connected to pump line having a reduced area A, the opening of the metering valves should be more.
Hence the higher ISCE for V3 and V4 of in Fig. 4.25(c) compared to V5-V6, where the pump line is
connected to the cap end with higher area Ac. However, for the second half cycle, the ISCE for V7-V8 is
higher than V1-V2 as the in the case of the former, the pump line is connected to the rod-end and for the

latter it is connected to the cap-end.

Fig. 4.25(d) indicates that the overall power saved is more or less constant.

4.7 Performance Comparison for Sinusoidal Position Demand and
Sinusoidal Force Demands at Different Phase Differences with the
Demanded Velocity

For this case the position demand is given by the same sinusoid expression as per eq. (4.2a) with the
demand amplitude ax = 0.1m, the time period T = 2s, the phase ¢ = 1.5z and the bias xo = 0.1m. The
demanded velocity and force are then expressed as

x4(t) = 2ma, /T)sin{(2nt/T) + ¢, + 1/2} (4.5)
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F;(t) = apsin{(2nt/T) + ¢} (4.6)
where ar =amplitude, T = time period, and ¢ = phase for force demand.

Phase difference between demanded velocity and demanded force can then be expressed as

£=¢p — {¢, +m/2} (4.7)

Figures 4.26(a) — (d) presents the position and force responses for different phase differences & between
demanded velocity and force. For different &, the position responses are similar to each other. There is a
small deviation at the mid-point as the demanded velocity changes from positive to negative at that point
and within a short time it catches up with the position demand. Hence, it is evident that motion tracking
is good in all the cases. It is found from Figs. 4.26(b) — (d), that as the phase difference & increases, the
force error also increases and the time duration of error also increases. It is seen from 4.26(d), when the ¢
IS maximum i.e., 7 radians, in this case the force error is maximum and that error even lasts for a larger

duration.

Fig. 4.27(a) — (h) represents the FFPI control voltage for different metering valves for € =0, /2, zradians.

It is found in these figures that control voltages tend to rise in all the valves of cylinder 1 as the & rises
from 0 to z. But in cylinder 2, the control voltages tend to fall with the rise of €. Some oscillations also

observed in valves 7 and 8.
Fig. 4.28(a) — (d) represents the chamber pressures at cap and rod end of the two cylinders.

Figure 4.29(a) presents the integral absolute error for position. This error is quite similar when & = 0 and
nand higher when & = 7/2 radians. From Fig. 4.29(b), it is evident that force error is least when & = 7/2,
and it is maximum at € = 7. If one closely follows Fig. 4.29(c), one can tell that the ISCE for Cylinder 1
valves gradually rises up as the ¢ rises from 0 to z But it decreases gradually for cylinder 2 valves. Power

saved from Fig. 4.29(d), is almost same in all the cases. Phase change & has no effect in power saved.
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Fig. 4.26: (a) Position response and force responses with CIMV for a sinusoid position demand
and sinusoid load demands at phase differences with the demanded velocity of (b) 0 radians, (c)

2 radians, and (d) z radians.
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4.8 Performance Comparison for Sinusoidal Position Demand at 0.5Hz and

Sinusoidal Load Demands at Different Frequencies

Figures 4.30(a) — (e) shows the position and force responses for different frequency ratios (wr/ ax) of force
and position demand with a sinusoid position demand of constant frequency (@=0.5). It is found that
position responses do not change much with change in the frequency ratio for most of the cycle. However,
there is some position error at the beginning, at mid-point and at the end of the cycle time, which increases
with the increase in the frequency ratio. This is also manifested in the IAEx values in Fig. 4.33(a). The
force error and time duration of error is more with the rise in frequency ratio. Here, when wx/ ax is 16, the
force error is higher. Hence, force tracking is satisfactory for lower frequency ratio. This is again revealed
in the IAEF values in Fig. 4.33(b).

Figures 4.31(a) — (h) represent the FFPI control voltages for all the eight metering valves sinusoid force
demands at different frequencies. As expected, it is found that control voltages tend to oscillate more with
the rise in frequency ratio ar/ax. It is seen when ar/ax is 16, the control voltage oscillates with high

frequency than when @/ ax is 1.
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Fig. 4.30: (a) Position response and Force Responses with CIMV for a sinusoid position demand at
a frequency of 0.5hz and sinusoid load demands at different frequencies with ax/ax equal to (b) 1,
(c) 4, (d) 8and (e) 16.
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Figures 4.32(a) — (d) represents chamber pressures at the cap and rod ends of both the cylinder for different
frequency ratios of force and position demand. As mentioned earlier, higher the frequency ratio, higher

are the pressure oscillations.

Figures 4.33(a) and (b) depict integral absolute error for position (1AEx) and force (IAEF) increases with
the rise in frequency ratio. Integral square control effort (ISCE) for the valves in cylinder 1 rises with the
rise in arx/ ax. This is also valid for cylinder 2 valves except for the case when ar/ax = 1, as shown in Fig.

4.33(c). Power saved shown in Fig. 4.33(d) is almost equal for all the cases.
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4.9 Performance Comparison for Sinusoid Load Demands at 0.5Hz and

Sinusoidal Position Demand at Different Frequencies

Figures 4.34(a) — (e) represents the position and force response for combined sinusoidal load demand with
constant frequency (0.5 Hz) and position demand at different frequencies. The position and force tracking
are well for low frequency ratio (a/we). As this ratio increases position error as well as force error
increases. Even these errors last longer as the ratio increases. Hence, satisfactory results found in lower
frequency ratio. At a value of the frequency ratio 2.0, the position tracking fails miserably, as is seen in
Fig. 4.34(a). As is seen in Figures 4.35(a) — (h), the control voltages for this case also reaches the saturation
value of 10V. These indicate that for the case of o/ ar = 2.0, the demanded speed of motion exceeds the
bandwidth of the system.

Figures 4.35(a) — (h) gives the FFPI control voltages of eight metering valves for different frequencies of
position demand and constant frequency (0.5Hz) of force demand. It seems like higher the frequency,
higher the control voltage for all the cases — as should be the case as higher frequency implies greater

speed of the piston requiring higher flows from the metering valves which demand their greater openings.
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Fig. 4.34: (a) Position response and Force Responses with CIMV for a sinusoid force demand at a

frequency of 0.5Hz and sinusoid position demands at different frequencies with @/ equal to (b)
0.2, (c) 1.0, (d) 1.5 and (e) 2.0.
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Fig. 4.35: FFPI control voltage for metering valves 1 to 8 — for a CIMV with a sinusoid force
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Fig. 4.36: Comparison of cylinder chamber pressures in (a) cap end of Cylinder 1, (b) rod end of
Cylinder 1, (c) cap end of Cylinder 2 and (d) rod end of Cylinder 2 — for a CIMV with a sinusoid
force demand at a frequency of 0.5Hz and sinusoid position demands at different frequencies with
ax/ ax equal to 0.2, 1.0, 1.5 and 2.0.
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Chamber pressures for both cap end and rod end for the two cylinders for different frequencies of sinusoid
position demand and constant frequency of force demand are described in Figs. 4.36(a) — (d). When o/ or
= 0.2, at rod-ends pressure saturations occur, but at cap-ends oscillations occurred in both cylinders for

most of the time of a cycle.
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Fig. 4.37: Comparison of cylinder (a) IAEx, (b) IAEF, (¢) ISCE and (d) power saved — for a CIMV
with a sinusoid force demand at a frequency of 0.5Hz and sinusoid position demands at different
frequencies with ex/@r equal to 0.2, 1.0, 1.5 and 2.0.

It is evident from Fig. 4.37(a) integral absolute error for position (IAEx) increases with increasing
frequency of position demand. It is highest when frequency of position demand «x = 1 Hz. Even integral
absolute error for force (IAEF) also higher in this case shown in Fig. 4.37(b). One can relate this from the
response plot of position and force shown in Figs. 4.34(a) — (e). If one look into Fig. 4.37(c) closely, one
can see that integral square control effect (ISCE) getting bigger with increasing «x for each valve of both

the cylinders.

From Fig. 4.37(d), it can be said that power saved is maximum at ax= 0.1 Hz and minimum at 0.5 Hz.

4.10 Summary

A simulation study in MATLAB-SIMULINK has been carried out and results of the closed loop

simulations performed for sinusoidal position and force tracking demand has been compared for both the
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CIMV and IMV configurations. Several force demands, like sinusoid, fixed, linearly time-varying, spring
load, spring-damper load — have been explored for sinusoid and fixed position demands. It has been found
out that for a fixed gain FFPI controller, CIMV exhibits better performance than IMV —on count of
tracking error, control effort, power savings and exit loss. However, there is scope for further investigating
by using different PI gains for the IMV configurations.

For constant load tracking, a degradation of performance with increase in the load has been found both
for position and force tracking. For a spring load, it has been found out that the for very low spring
stiffness, there is appreciable force tracking error, which drops for a higher value of the stiffness. Further
increase of the stiffness of the spring shows marginal degradation of the force tracking performance. An
increase in the damping coefficient in the damper for a combined spring-damper loading improves the
force tracking performance. For a linearly time varying load demand, the tracking improves as the slope
of the variation of the force becomes smaller. Performance degradation is observed for larger phase
difference between force and velocity demands. Also, higher frequency of force or position demands
affects the performance significantly. Very poor position tracking performance is observed for motion

demands at a speed higher than the system bandwidth.

In all the cases, it has been observed that as the demanded piston velocity changes sign at half the cycle
time, the position response shows a sudden drop and then follows a track with lesser slope than that of the
demand for some duration till it catches up with the demand again. This effect is manifested as spikes —
first positive which is soon followed by a negative one — in the force responses. This has been attributed
to the nature of the control structure; for positive and negative x;, all the active metering valve
combinations intending to move the cylinders in the positive and negative x direction respectively. But
during the reversal, if the position error is still positive, to minimize this error, it is essential for the piston
to carry on moving in the positive x direction — which it is unable to do due to switching of the valve
combinations. Hence this sudden drop occurs and it regains effective tracking once the demand falls below
the actual position that is the position error becomes negative. Alternative control structures should be

explored to overcome this shortcoming.
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CHAPTER 5

CONCLUSIONS AND FUTURE
SCOPE OF WORK



5.1 Conclusions

Electrohydraulic systems have become increasingly important in various industries such as construction
machinery, aerospace, and heavy-duty manipulators due to their high power-to-weight ratio. The growing
demand for electrohydraulic systems in robotics and high-tech manufacturing has further increased the
need for developing high-performance systems. However, there are two main the challenges associated
with electrohydraulic systems. Firstly, achieving high control accuracy in the presence of nonlinearities
and uncertainties such as flow leakages, complex flow properties, and nonlinear friction force is difficult.
Secondly, the energy efficiency of the system is also a major concern due to limited energy sources,
unwanted system heating, and cost reduction. Although many researchers have focused on either high
control accuracy or high energy efficiency, achieving both simultaneously remains a challenge in
electrohydraulic systems. This thesis focuses on combined electrohydraulic actuation system (EHAS) and
electrohydraulic force system (EHFS) for both tracking accuracy as well as efficiency. Most common
application of simultaneous EHAS and EHFS is an Electrohydraulic load simulator (EHLS) which is a

crucial device in hardware-in-loop (HIL) experiments, and is widely used in aerospace engineering.

In this proposed EHLS consisting of two co-axial hydraulic cylinders, two configurations are studied —
one is CIMV, where all the eight metering valves are proportional valves excited by continuously varying
voltage; another is IMV, where return path proportional valves are operated as simple ON-OFF valves
excited by fixed control voltages. The objective of the study to see if any improvement in energy efficiency

occurs vis-a-Vvis tracking accuracy of force and motion.

A Feedforward-P1 Feedback control structure has been proposed in the thesis for suitable force and motion
tracking of the EHLS. In earlier studies, feedforward controllers have been designed for individual force
or motion tracking problems. In the present work a composite motion-force feedforward controller has
been proposed which is based on both the force as well as motion demands. To handle the nonlinearities
in the mathematical models of the hydraulic system due to friction, compressibility, leakage flows in the
valves and the cylinders, orifice like flow at the metered ports and the difficulty in model inversion due
to the asymmetry in the cylinder configurations, the order-separated technique of Sarkar et. al., 2023, has

been used to develop the composite motion-force feedforward controller.

A fixed speed, pressure compensated, swash plate type variable displacement pump has been considered

in the study. The static characteristics of the pump has been obtained from an earlier work by Naskar et.
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al., 2022. The energy saving on account of variable flow from the pump has been calculated in comparison

to when a fixed displacement pump with pressure relief valve is used in the circuit.

The performance studies have been carried out in terms of variations of the position and force responses,
control voltages at the metering valves, variations of chamber pressures of the 2 cylinders as well as the
Integral Absolute Position Error, the Integral Absolute Force Error, the Integral Square Control Effort in
the 8 metering valves, the energy saved compared to a fixed displacement pump — pressure relief valve

combination and the exit losses in the metering valves.

Because of the direct coupling of the two hydraulic cylinders, the force response of the loading cylinder
is severely affected by the motion of the actuating cylinder. Performance comparison of the 2
configurations — CIMV and IMV is studied is detail at section 4.2. It is observed, for a fixed gain FFPI
controller, a better performance is shown in CIMV than IMV — on count of tracking error, control effort,

power savings and exit loss.

In this study, as CIMV performs better, CIMV configuration of several combination of position and load
demands are considered — fixed, sinusoid, linearly time-varying, spring load, spring-damper load has been

explored.

Performance deterioration is observed when the load increases, affecting both position and force tracking
in constant load demand and sinusoid position demand scenarios. When dealing with a spring load, low
spring stiffness leads to noticeable force tracking errors, which decrease with higher stiffness values.
However, further increasing the spring stiffness only marginally impacts force tracking performance. The
force tracking performance in a combined spring-damper loading is enhanced by studied for different
values of the damping. It has been found that higher damping coefficient values result in superior tracking
performances. In the case of linearly time varying load demands, better tracking is achieved with smaller
slopes of force variation. Performance degradation occurs with larger phase differences between force and
velocity demands. Additionally, higher frequencies of force or position demands have a significant impact
on performance. Motion demands at speeds exceeding the system bandwidth result in very poor position
tracking performance. In this study, dead-band of the metering valves and transmission losses are not

considered.
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5.2 Future Scopes of Work

Designing a composite force-motion feedforward controller coupled with feedback Pl-controllers for the
2 cylinders is quite a challenging task on account of the complexity of the mathematical models of the
coupled systems with multiple valves. The present work acts a pointer to several areas for future study

that can be and should be pursued to upgrade the electrohydraulic load simulator.
5.2.1 The Controller

If one looks at the control performance of the EHLS, it will be found that as the demanded piston velocity
changes sign at half the cycle time, the position response shows a sudden drop and then follows a track
with lesser slope than that of the demand for some duration till it catches up with the demand again. This
effect is manifested as spikes — first positive which is soon followed by a negative one — in the force
response. This is attributed to the nature of the control structure. For positive x;, the metering valve
combinations which are activated are V3 — V4 for Cyll and V5 — V6 for Cy2 — all intending to move the
cylinders in the positive x — direction. Since the demanded piston velocity changes sign at half the cycle
time, the active valve combination also changes to V1 — V2 for Cyll and V7 — V8 for Cyl2 — all now
intending to move the cylinders in the negative x — direction. But during this reversal, if the position error
is still positive, to minimize this error, it is essential for the piston to carry on moving in the positive x —
direction — which it is unable to do due to switching of the valve combinations. Hence this sudden drop
occurs and it regains effective tracking once the demand falls below the actual position i.e.; the position

error becomes negative.

Suitable modification of the control logic should be pursued in future to overcome this difficulty leading

to the discontinuity in the response with sign reversal of the position response.

Furthermore, the overall power required for the IMV configuration has been found to be higher than its
CIMV counterpart. As discussed earlier, this may be attributed to the poorer tracking performances of the
IMV due to loss of continuous control in the return path metering valves. However, the present study has
been carried with identical Pl gains for the feedback controllers for both the IMV and CIMV. Further
exploration needs to be carried out with different Pl gains for the IMV than the CIMV to see if it can

improve its tacking performances and reduce the power requirement.
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5.2.2 The Valves

A possibility that probably will have to be explored is using 3x3 PVs instead of 2x2 PVs as shown in Fig.

5.1 below. With this the control algorithm needs to be re-tuned to check if smoother responses are

obtained. This also reduces the number of metering valves from 8 to 4.

Cc1

c2

(a)

Solenoid

valvel

S\

2x2 PV

valve2

<[ Solenoid

(b)

2
]
c

9
o
n

Cc1

c2

<| Solenoid

e

To tank

through

a similar
valve

\

X

4

3x3 PV

Fig.5.1: Comparison of (a) 2x2 PVs and (b) 3x3 PVs — in flow metering of hydraulic cylinders

While for the case of 2x2 PVs in Fig. 5.1(a), each cylinder requires a pair of valves for motion in a

particular direction and a separate pair for motion reversal, for the case of 3x3 PVs, a single pair of valves

can cater to both forward and reverse motion. Hence the number of valves required for the second case is

half that of the first case. This should be explored in future studies. However, such a configuration will

allow only for CIMV operation and not IMV operation.

5.2.3 The EHLS Configuration

Another area to be explored in the future is designing the controllers for an EHLS where the cylinders are

parallel to each other and connected by a common linkage as shown In Fig. 5.2 below. This contrasts with

the coaxial configuration of the 2 cylinders as taken up in the present study.
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5.2.4 Real-time Experiments

The entire work carried out in the present thesis is based on simulation studies. Such a work is only the
preamble to experimental investigations. Hence, experimental realization of the configurations discussed
should be carried out in future. This calls for procuring assembling the cylinders, valves, data acquisition
and control systems, sensors, hydraulic power pack. The present work will prove to be useful in
identifying the specifications of the components while designing the real-time system. Furthermore, it will

remain a valuable asset for offline tuning of the controllers.
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	For CIMV, (2)
	,𝑣-4𝑙.=,𝑣-3𝑙.                                                                                                               (3.13g)
	,𝑣-6𝑙.=,𝑣-5𝑙.                                                                                                        (3.13h)
	For IMV, (2)
	,𝑣-4𝑙.=−,𝑣-4𝛽.                                                                                                               (3.13i)
	,𝑣-6𝑙.=−,𝑣-6𝛽.                                                                                                        (3.13j)
	,𝑉-7𝐵.=,𝐴-𝑟.,,𝑥.-𝑑./{,𝑐-𝑣𝑟2.,,𝑃-𝑃𝐵.−,𝑃-𝑟2𝐵..}                                                                                                                                (3.15b)
	,𝑣-1𝛽.=,,,𝑃.-𝑐1𝐵.,,𝛺-𝑐1.+,𝐴-𝑐.,𝑥-𝑑..-𝜅./,{𝑐-𝑣𝑐1.,,𝑃-𝑃𝐵.−,𝑃-𝑐1𝐵..}                                                                                                               (3.15c)                                               ...
	,𝑣-7𝛽.=,,,𝑃.-𝑟2𝐵.,,𝛺-𝑟2.+,𝐴-𝑟.,𝑥-𝑑..-𝜅./,{𝑐-𝑣𝑟2.,,𝑃-𝑃𝐵.−,𝑃-𝑟2𝐵.}.                                                                                                                (3.15d)
	,𝑣-1𝑙.=,1-,𝑐-𝑣𝑐1..[,,𝑐-𝑙𝑐.,,𝑃-𝑐1𝐵..-,,𝑃-𝑃𝐵.−,𝑃-𝑐1𝐵...+,,𝑐-𝑙𝑝.,,𝑃-𝑐1𝐵.−,𝑃-𝑟1𝐵..-,,𝑃-𝑃𝐵.−,𝑃-𝑐1𝐵...−0.5,𝑐-𝑣𝑐1.,𝑉-1𝐵.,,,𝑝-𝑝.−,𝑝-𝑐1.-,,𝑃-𝑃𝐵.−𝑃-𝑐1𝐵...−,𝑐-𝑙𝑐.]                                                 ...
	,𝑣-7𝑙.=,1-,𝑐-𝑣𝑟2..[,,𝑐-𝑙𝑟.,,𝑃-𝑟2𝐵..-,,𝑃-𝑃𝐵.−,𝑃-𝑟2𝐵...+,,𝑐-𝑙𝑝.,(𝑃-𝑟2𝐵.−,𝑃-𝑐2𝐵.)-,,𝑃-𝑃𝐵.−,𝑃-𝑟2𝐵...−0.5,𝑐-𝑣𝑟2.,𝑉-7𝐵.,,,𝑝-𝑝.−,𝑝-𝑟2.-,,𝑃-𝑃𝐵.−𝑃-𝑟2𝐵...−,𝑐-𝑙𝑟.]                                                 ...
	For CIMV, (3)
	,𝑉-2𝐵.=,𝑉-1𝐵.            (3.16a)
	,𝑉-8𝐵.=,𝑉-7𝐵.            (3.16b)
	,𝑣-2𝛽.=,𝑣-1𝛽.                                                                                                 (3.16c)
	,𝑣-8𝛽.=,𝑣-7𝛽.                                                                                                                   (3.16d)
	,𝑣-2𝑙.=,𝑣-1𝑙.                                                                                                    (3.16e)
	,𝑣-8𝑙.=,𝑣-7𝑙.                                                                                                        (3.16f)
	For IMV
	,𝑉-2𝐵.=,𝑉-8𝐵.=,𝑉-𝑚.                     (3.16g)
	,𝑣-2𝛽.=−,,,𝑃.-𝑟1𝐵.,,𝛺-𝑟1.−,𝐴-𝑟.,𝑥-𝑑..-𝜅./,𝑐-𝑣𝑟1.,,𝑃-𝑟1𝐵..=−,𝑣-2𝑙.         (3.16h)
	,𝑣-8𝛽.=−,,,𝑃.-𝑐2𝐵.,,𝛺-𝑐2.−,𝐴-𝑐.,𝑥-𝑑..-𝜅./,𝑐-𝑣𝑐2.,,𝑃-𝑐2𝐵..=−,𝑣-8𝑙.          (3.16i)
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